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Abstract. A tutorial is presented outlining the evolution, theory, and application of relling
element bearing life prediction from that of A. Palmgren, 1924, W. Weibull, 1939, G.
Lundberg and A. Palmgren, 1947 and 1952, E. loannides and T. Harris, 1985, and E.
Zaresky, 1987. Comparisons are made between these life models. The lodthaides
model without a fatigue limit is identical to the Lundbé&tgimgren model. The Weibull
model is similar to that of Zaretsky if the exponents are chosen to be identical. 8tihdh

life and Hertz streskfe relations of Weibull, Lundberg and Palmgren, and loannides and
Harris reflect a strong dependence on the Weibull slope. The Zaretsky model decouples the
dependence of the critical shear stiggsrelation from the Weibulslope. This results in a
nominal variation of the Hertz strek& exponent.

For 9th and 8thpower Hertz streskfe exponents for ball and roller bearings,
respectively, the Lundbefi§almgren model best predicts life. However, for 12ihd 10tk
power relations reflected by modern bearing steels, the Zaretsky model based abihié W
equation is superior. Under the range of stresses examined, the use of a fatigue limit would
suggest that (for most operating conditions under which a redliegnent bearing will
operate) the bearing will not fail from classical roliament fague. Realistically, this is
not the case. The use of a fatigue limit will significantly overpredict life over a range of
normal operating Hertz stresses. (The use of ISO 281:2007 with a fatigue limit in these
calculations would result in a bearing lifepapaching infinity.) Since the predicted lives of
rolling-element bearings are high, the problem can become one of undersizing a bearing for a
particular application.

Rules had been developed to distinguish and compare predicted lives to those actually
obtained. Based upon field and test results of 51 ball and roller bearing sets, 98 percent of
these bearing sets had acceptable life results using the Lurfelengren equations with
life adjustment factors to predict bearing life. That is, they had livealéq or greater than
that predicted.

The LundbergPalmgren model was used to predict the life of a commercial turboprop
gearbox. The life prediction was compared with the field lives of 64 gearboxes. From these
results, the roller bearing lives exhibitadoadlife exponent of 5.2, which correlated with
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the Zaretsky model. The use of the ANSI/ABMA and ISO standardslifeaedxponent of
10/3 to predict roller bearing life is not reflective of modern roller bearings and will
underpredict bearing lives.

Introduction

By the close of the 19ttentury, therolling-elementbearing industry began to
focus on sizing oball and rollerbearings for specific applications and determining
bearing life and reliability. In 1896, R. Stribe¢k] in Germany began fatigue
testing fullscalerolling-elementbearings. J. Goodmd@g] in 1912 in Great Britain
published formulae based on fatigue data that would compute safe loads on ball
and cylindrical roller bearings. In 1914, th&merican Machinistéda n d b [8]p k 0
devoted 6 pages to rollinglement bearings that discussed bearing sizes and
dimensions recommended (maximum) loadingnd specified geeds. However,
the publicationdid not address the issue of bearing life. During this time, it would
appear that rollingelement bearing fatigue testing was the only way to determine
or predict the minimum or average life of ball and roller bearings.

In 1924, A. Palmgreid] in Sweden published a paper in German outlining his
approach to bearing life predimh and an empirical formula based upon the
concept of arlLyg life, or the time thaB0 percent of a bearing population would
equal or exceed without rollinglement fatigue failure. During the next 20 years
he empirically refined his approach to beariifg prediction and matclke his
predictions to test dat&] However, his formula lacked a theoretical basis or an
analytical proof.

In 1939, W.Weibull [6,7] in Sweden published his theory of failure. Weibull
was a contemporary of Palmgren and shared the results of his work with him. In
1947, Palmgren in concert witd. Lundberg, also of Sweden, incorporated his
previous work along with that of Weibull and whagppears to be the work éf.
Thomas andV. Hoersch[8] into a probabilistic analysis to calculate rolkng
element (ball and roller) life. This has become known as the Lundtsmgren
theory[9,10]. (In 1930, H. Thomas and V. Hoerg@j at the Universy of lllinois,
Urbana, developed an analysis for determining subsurface principal stresses under
Hertzian contacfll]. Lundberg and Palmgrdf,10] do not reference the work of
Thomas and HoersdRB] in their papers.)

The LundbergPalmgren life equatia have been incorporated into both the
International Organization for Standardization (ISO) and the American National
Standards Institute (ANSI)/American Bearing ManufaataireAssociation
(ABMA) ! standards for the load rags and life of rollingelement[12 to 14] as
well as in current bearing codes to predict life.

'ABMA changed their name from the Asfiriction Bearing Manufacturers Association (AFBMA) in 1993,
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Rolling bearing life prediction, theory, and application

In the post World War Il era the major technology drivers for improving the
life, reliability, and performance of rollinglement bearings have been the jet
engine and the helicopter. By thedd 950s most of the materials used for bearings
in the aerospace industry were introduced into use. By the early 1960s the life of
most steels was increased over that experienced in the early 1940s primarily by the
introduction of vacuum degassing and wai meltng processes in the late 1950s
[15].

The development of elastohydrodynamic (EHD) lubrication theory in 1939 by
A. Ertel[16] and later A. Grubinfl7] in 1949 in Russia showed that most rolling
bearings and gears have a thin EHD film separating the contacting components.
The life of these bearing and gears is a function of the thickness of the EHD film
[15].

Computer programs modeling bearing dynamiwas tincorporate probabilistic
life prediction methods and EHD theory enable optimization of rokilegnent
bearings based on life and reliability. With improved manufacturing and material
processing, the potential improvement in bearing life can be ak agi80 times
that attainable in the late 19508 as much as 400 timesathattainable in 1940
[15].

While there can be multifailure modes of rollietement bearings, the failure
mode limiting bearing life is contact (rollirgiement) surface fatigue @hne or
more of the running tracks of the bearing components. Redliagent fatigue is
extremely variable but is statistically predibte depending on the material (steel)
type, the processing, the manufacturiagd operating conditions [18]

Rolling-element fatigue life analysis is based on the initiation or first evidence
of fatigue spalling on a loaded, contacting surface of a bearing. This spalling
phenomenon is load cycle dependent. Generally, the spall begins in the region of
maximum shear stressdecated below the contact surface, and propagates into a
crack network. Failures other than that caused by classical reliamgent fatigue
are considered avoidable if the component is designed, haratiednstalled
properly and is not overloaded18]. However, under low EHD lubricant film
conditions, rollingelement fatigue can be surface or reanface initiated with the
spall propagating into the region of maximum shearing stresses.

The datdbase for ball and roller bearings is extensive. A contlean arises
from these data and tin@nalysis is the variation between life calculations and the
actual endurance characteristics of these components. Experience has shown that
endurance tests of groups of identical bearings under identical conditions can
produce a variation iy, life from group to grouplf a number of apparently
identical bearings are tested to fatigue at a specific load, there is a wide dispersion
of life among these bearings. For a group of 30 or more bearings, the ratio of the
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longest to the hortest life may be 20 or mofd8]. This variation can exceed
reasonable engineering expectations.

Bearing life theory

Foundation for bearing life prediction
Hertz contact stress heory

In 1917, Arvid Palmgren began his career at #éB. Svenska Kullager
Fabriken(SKF) bearingcompanyin Swedenln 1924 he published his paper [4]
that laid the foundation for what later was to become knosvitha Lundberg
Palmgren theory [9]Because the 1924 paper was missing two elements, it did not
allow for a comprehensive rollinglement bearing life theory. The first missing
element was the ability to calculate the subsurface principal strasdbence, the
shear stresses below the Hertzian contact of either a ball on a nonconforming race
or a cylindical roller on a race. The second missing element was a comprehensive
life theory that would fit the observations of Palmgren. Palmdistounted Hertz
contact stress theory [1ahd depended on the loétk relation for ball and roller
bearings basednotesting atSFK Sweden that began in 1910 [1%aretsky
discuses the 1924 Palmgren work|[i2aQ].

Palmgren did not have confidence in the ability of the Hertzian equations to
accurately predict ralg bearing stresses. Palmgren$4t at e s , fiofdfe c al
def ormation and stresses upon contact b
number of simplifying stipulations which will not yield very accurate
approximation values, for instanoghen calculating the deformations. Moreover,
recent investigadns (circa 19191923) made at AB. Svenska KullageFabriken
(SKF) have proved through calculation and experiment that the Hertzian formulae
will not yield a generally applicable procedure for calculating the material
stresses. éAs a ntengporthrce obthis problem tgpbalr baamay u
technology, comprehensive-house studies were performed at SKF in order to
find the law that describes the change in service life that is caused by changing
load, rpm, bearing dimensions, and the like. These only one possible approach:
tests performed on complete ball bearings. It is not acceptable to perform
theoretical calculations only, since the actual stresses that are encountered in a ball
bearing cannot be determined by mat he ma

Palmgrenlater recanted his doubts about the validify Hertz theory and
incorporatecthe Hertz contact streggjuation in his 1945 book [5]. In their 1947
paper [9] Lundberg and Pal mgr en stat e, A H
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assumptions that the contact arsasmall compared to the dimensions of the
bodies and that the frictional forces in the contact areas can be neglected. For ball
bearings, with close conformity between rolling elements and raceways, these
conditions are only approximately true. For lirentact the limit of validity of the
theory Is exceeded whenever edge pressu
Lundberg and Palmgren exhibited a great deal of insight as to the other
variables modifying the resultant shear stresses calcutatedHertz theory. They
state [9] ai dhe yet knows much about how the material reacts to the
complicated and varying succession of (shear) stresses which then occur, nor is
much known concerning the effect of residual hardening stresses or how the
lubricant affects the stress distributioritlvin the pressure area. Hertz theory also
does not treat the influence of those static stresses which are set up by the
expansion or compression of the rings
These effects are now understp@ohd life factors are ctently being used to
account for them so as to more accurately predict bearing lifecsfiadility [18].

Equivalent Load

Palmgren [4]recognized that it was necessary to account for combined and
variable loading around the circumference of a ball bearing. He proposed a

procedure in 1924 Ato establish funct.i
purely radial load and to establishlas for the conversion of axial and
Ssimultaneous effective axial and radial

used Str i bdlttk akulate guabdan best be described as a stress on
the maximum radid} loaded balrace contact in a babearing. The equation
attributed to Stribeck by Palmgren is as follows:

Zd?
where Q is the total radial load on the bearirgy,is the number of balls in the
bearingdis the ball diameter,aridi s St ri beckds constant.
Pal mgren modi fied Stribeckobés equation
as well as modifying the ball diametedation. For brevity, this modificatiois not
presentedlt is not clear whether Palmgrene cogni zed at that ti
equation was valid only fax diametral clearancgreater than zerwith fewer than
half of the balls being loaded. Howevdre stated that the corrected constant
yielded good agreement with tests performed.
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Palmgrenf§] st at e s, Al ot I's probably i mpossi.l
same time, simple expression for the ball pressure as a function of radial and axial
pressureéo According to Pal mgren, AAde:«

by using the following eggation:
Q=R+yA 2)

whereQ is the imagined, purely radial load that will yield the same service life as
the simultaneously actingdial and axial forces} is the actual radial load, amd
I s t he act uarlball hearings| Palmgrem gpresented valueyg a a
function of S k. rPalrhgeen ktatedhat dhese svdluast ¥ were
confirmed by test resul{d].

By 1945, Palmgren [5inodified Eq. (2) as follows:

Q = Peq = XFr +YFa (3)

where

Peg  the equivalent load

F, the radial component of the actual load
Fa.  theaxial component of the actual load
X a rotation factor

Y the thrust factor of the bearing

The rotationfactor X is an expression for the effect on the bearing capacity of
the conditions of rotation. The thrust factrs a cowersion value fothrust loads

[5].
Fatigue Limit

Palmgren 4] st at es t hat bearing Ali mited se
phenomenon. However, under exceptional high loads there will be additional
factors such as permanent defor mations,
out from the assumption thatetimaterial has a certain fatigue limit, meaning that it
can withstand an unlimited number of cyclic loads on or below a certain, low level
of load, the service life curve will be asymptotic. Since, moreover, the material has
an elastic limit and/or fractarlimit, the curve must yield a finite load even when
there is only a single load value, meaning that the number of cycles equals zero. If
we further assume that the curve has a profile of an exponential function, the
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general equation for the relationshepisting between load and number of load
cycles prior to fatigue would read:

k=Clan+e) X +u (4)

whereki s t he speci fic | dCasdhe materidh constamhesc k 6 s
the number of load cycles during one revolution at the point with the maximum
load exposuren is the number of revolutions in millions,is the material constant
that is dependent on the value of the elasticity or fradiom¢, u is the fatigue
limit,andxi s an exponent. O

According to Pal mxgsraleays locéited lcloss to &/ q 0.3 e n t
Its value will approach 1/3 when the fatigue limit is so high that it cannot be
di sregar ded, and O .Palmgreh eeported test resuttsav e r y
support a value of = 1/3. Hence, Eq. j4can be written as

Life (millions of stresscycles)= %(—C g - e
cK- U@ (5)

The valuee suggests a finite time below which no failure would be expected to
occur. By letting e = 0 and eliminating the concept of a fatigue limit for bearing
steels, Eq.J) can be rewritten as

2 ~3
ac 2/5Q
L(million of racerevolutions): Zd / 59 (6)

Q

O
10

In Eq. (6), ly letting f. = C/5, and Peq = Q, the 1924 version of the dynamic load
capacityCp, for a radial ball bearing would be

Cp = fozd? @)

and Eq. 6) becomes

g

1-O: OO}J0

D
eq

LlO = (8)

g
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wherel g is the life in millions of innefrace revolutios, at which 10 percent of a
bearing population will have failed and 90 percent Wwal/esurvived. This is also
referred to as Hpercentife or Lyg life.

By 1945, Palmgren [SEmpiricaly modifiedthe dynamic load capacityy for
ball and roller bearings as follows:
For ball bearings

o o id22% cos
D~ ¢ 141002 9)

For roller bearings

2
Cp = f.id2,2% cosp (10)
where
fe materialgeometry coefficiert

number of rows of rolling elements (balls or rollers)
ball or roller diameter

t roller length

Z number of rolling elements (balls or rollers) in a row
b bearing contact angle

—a —

From Anderson [21]for a constant bearing load, the normal force between a
rolling element and a race will be inversely proportional to the number of rolling
elements. Therefore, for a constant number of stress cycles at a point, the capacity
is proportional to the number oblting elementsAlternately, the number of stress
cycles per revolution is also proportional to the number of rolling elements, so that
for a constant rollingglement load the capacity for point contact is inversely
proportional to the cube root of the number of rolling elements. This comes from
the inverse cubic relation between load and life for point contact. Then the
dynamic load capdty varieswith number of balls as

Z _5%
Cp~—+=2"3
D Z% (11)

2 post 1990, the coefficiefitis designated &s,,in the ANSI/ABMA/ISO standards [12 to 14].
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Equation(11) is reflected in the dynamic load capacity of Egs. (9) and (10).
According to Pahgren [5] the coefficient; (in Egs. (9) and (10)) is dependent,
among other things, on the properties of the material, the degree of osculation

(bearing racéall conformity), and the reduction in capacity on account of uneven
load distribution within multiple row bearings and hags with long rollers. The
magnitude of this coefficient can be determined only by numerous laboratory tests.
It has one definite value for all sizes of a given bearing type.

In all of the above equations, the units of the input variables and the n¢sulta
units used by Palmgrerave been omittedecause they cannot be reasonably used
or compared with engineering ptace today. As a result, thesgquatiors should be
considered only for their conceptual content and not for any quantitative
calculations.

Lo life

The Ly life, or the time that 9(ercentof a group of bearings will exceed
without failing by rollingelement fatigue, is the basis for calculating bearing life
and reliability today. Accepting this criterion means that the bearing user is willing
in principle to accept that 1®ercentof a beaing group will fail before this time.

In Eg. (§ the life calculated is thiey life.

The rationale for using theg life was first laid dowrby Palmgren in 1924. He
stateq4], AThe ( mat@(Eqg @) has beeo determimad bn the basis of
a \ery great number of tests run under different types of loads. However, certain
difficulties are involved in the determination of this constant as a result of service
life demonstrated by the different configurations of the same bearing type under
equal tes conditions. Therefore, it is necessary to state whether an expression is
desired for the minimum, (for the) maximum, or for an intermediate service life
bet ween these two extremes. éln order toa
necessary to acpethat a certain small number of bearings will have a shorter
service life than the calculated lifetime, and therefore the antstmust be
calculated so tha@0 percentof all the bearings have a service life longer than that
stated in the formula. Thealculation procedure must be considered entirely
satisfactory from both an engineering and a business point of view, if we are to
keep in mind that the mean service life is much longer than the calculated service
life and that those bearings that haveéharter life actually only require repairs by
replacement of the part which I s damage

Palmgren is perhaps the first person to advocate a probabilistic approach to
engineering design and reliability. Certainly, at that time, engineering practice
dictated a deterministic approach to component design. This approach by Palmgren
was decades ahead of its time. What he advocated is designing for finite life and
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reliability at an acceptable risk. This concejas incorporated in the ANSI/ABMA
and ISOstandads [12 to 14.

Linear damagerule

Most bearings are operated under combinations of variable loading and speed.
Palmgren recognized that the variation in both load and speed must be accounted
for in order to predict bearing |ife.
for a calculaibn, the assumption might be conceivable that (for) a bearing which
has a life ofn million revolutions under constant load at a certain rpm (speed), a
portion M/n of its durability will have been consumed. If the bearing is exposed to
a certain load for aun of M; million revolutions where it has a life of million
revolutions, and to a different load for a runMyf million revolutions where it will
reach a life oh, million revolutions, and so on, we will obtain

— — — E op (12)

In the event of a cyclic variable load we obtain a convenient formula by
introducing the number of intervals and designaten as the revolutions in
millions that are covered within a single interval. In that case we have

pg{rh-+m2+rn3+2
Sy m g

-1 (13)

|-O0OO

wheren still designates the total life in millions of revolutions under the load and
rpm (speed)n questionandM in Eq. (12) equagbhm 0

Equatiors (12) and (13 wereindependently proposed for conventional fatigue
analysis byB. Langer [22]in 1937 and MMiner [23] in 1945,13 and 21 years
after Palmgrenrespectively The equation has been subsequently referred to as the
linear damage rule or the PalmgiemngerMiner rule. For convenience, the
equation can be written as follows:

X1 + X2 + X3 +2 ﬁ (14)
L L L Ln

1_
L
and
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X+ Xo+Xg+2 X, =1 (15)

whereL is the total life in stress cycles or race revolutidns, L, is the life at a
particular load and speed in stress cycles or race revolutionX@&n, is the
fraction of total running time at load and spe€&lde values oM, M, etc. in Eq.
(12) equalXiL, X;L, etc. from Eq. (14). Equation (1#)the basis for most
variableload fatigue analysis and is used extensively in bearing life prediction.

Weibull analysis
Welibull distribution f unction

In 1939,W. Weibull [6,7] developed a method and an equation for statistically
evaluating the fracture strength of materials based upon small population sizes.
This method can be and has been applied to analyze, determine, and predict the
cumulative statistical distribution of fgue failure or any other phenomenon or
physical characteristic that manifests a statistical distribution. The dispersion in life
for a group of homogeneous test specimens can be expressed by

1 AL-L. 0

Inin==ein®——9 where 0<L<n; 0<S<1 (16)
a_b' LSO
(; -

whereSi s the probability 8®1);sisthevsiopeaflthea s

Weibull plot; L is the life cycle (stress cycled), is the location parameteor the
time (cycles) below which no failure occurs; dngis the characteristic life (stress
cycles). The characteristic life is that time at which 63.2 percent of a population
will fail, or 36.8 percent will survive.

The format of Eq. (16) is referred to as a thpaeameter Weibull analysis. For
mosB if not ald failure phenomenonthere is a finite time period under operating
conditions when no failure will occur. In other words, there is zero probability of
failure, or a 10@percent probability of survival, for a period of time during which
the prdability dersity function is nonnegative. This value is represented by the
location parametdr,, Without a significantly large data base, this value is difficult
to determine with reasonable engineering or statistical certainty. As a tggislt,
usually assumed tioe zero andeEq. (16)can be written as
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1
Inlngzeln -~ whereO<L<g;0<S<1 (17)

O &;QJO
£
-0 OO

This format is referred to as the tyarameter Weibull distribution function.

The estimated values tlie Weibull slopee andLy for the twoparameter Weibull
analysismay not be equal to those of the thrggarameter analysis. As a result, for
a given survivability valu&, the corresponding value of lifewill be similar but
not necessarily the same in each analysis.

By plotting the ordinate scale as In In§/and the abscissa scale asLlna
Weibull cumulative distribution will plot as a straight line, which is called a
AWei bul | pl ot . o Usually, t he ordinate
specimens faileér whereF = [(1T § x 100].Figure Xa)is a generic Weibull plot
with some of the values of interest indicatEdyure 1(b) is a Weibull plot of actual
bearing fatigue datalhe derivation of the Weibull distribution function can be
found in Appendix A.

The Welibull plot can be used to evaluate any phenomenon that results in a
statistical distribution. The tangent o
(al so called the AWeibul |l s andgesigngtedr a me t
by e, definesthe statistical distribution. Weibull slopes of 1, 2, and 3.57 represent
exponential, Rayleigh, and Gaussian (normal) distributions, respectively.

The scatter in the data is inversely proportional to the Weibull slope; that is, the
lower the value of the lbull slope, the larger the scatter in the data, and vice
versa. The Weibull slope is also liable to statistical variation depending on the
sample size (data base) making up the distribution [24]. The smaller the sample
size, the greater the statisticalriation in the slope.

A true fit of a tweparameter Weibull distribution function (Fig. 1) would imply
a zero minimum life ofL, = 0 in Eq. (16). Tallian [25] analyzed a composite
sample of 2500 rollingglement bearings and concluded that a good fit was
obtained in the failure probability region between 10 and 60 percent. Outside this
region, experimental life is longer than that obtained from thepmrameter
Weibull plot prediction. In the early failure region, bearings were found to behave
as shown irfFig. 2. From the Tallian data, it was found that the location parameter
for the threeparameter Weibull distribution of Eqg. (16) is 0.063, whereL,q is
that value obtained from the twaarameter Weibull plot (Eqg. (17) and Fig. 1) [15].
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1
InlnS

arctan e

(a)

Statistical percent of bearings failed, In In(1/S)

(@)

2
1 2

Figure 1. Weibull plot where (Weibull) slope or tangent of line as probability of
survival, $, is 36.8 percent at which = Lg, orL = Ly = 1. (a) Schematic. (b) Rolling

element bearing fatigue data.
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Figure 2. Two-parameter Weibull plot of bearing life digtution in early failure region
[25].

Weibull fracture strength model
Weibull [6,7,2627] related the material strength to the volume of the material
subjected to stress. If the soliereto be divided in an arbitrary manner imo

volume elements, the probability of survival for the entire solid can be obtained by
multiplying the individual survivabilities together as follows

$=5& &3 (18)
where the probability of failur€ is
F=1-S (29)

Welibull further related the probability of survivdl the material strength, and
the stressed volun¥according to the following relatio

== f(X)v (20)
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where

f(x)=s® (21)

s~e\£\ 22
&/ { (22)

From Eq. (22)for the same probability of survival the components with the larger
stressed volume will have lower strength (or shorter life).

Bearing life models

Weibull fatigue life model

In conversationsE.V. Zaretsky had with W. Weibull on January 22, 1964,
Weibull related that he suggested tdis contemporaries A. Palmgreand G.
Lundberg in Gothenberg, Sweden (circa 1944), to use his equation (Eq. (20)) to
predict bearing (fatigue) life where

f(x)=t°ne (23)

and wheret is the critical shear stress anddis the number of stress cycles to
failure.

In the pasiE.V. Zaretsky hasredited this relation to Weibull. However, there
appears to bao documentation of the above ray publicatiorof the application
of Eqg. (23) by Weibull in the open literature. However,[28] Poplawskiet al
applied Eq. (23) toEq. (20) where

)& e1d o
gtu &y

The parameterc/e is the stresdife exponent. This implies that the inverse
relation of life with stress is a function of the life scaff@feibull slope)or data
dispersion.
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Referring toFigs. 3 and 4for point contactand line contact, respectivelthe
stressed volump] is defined as

Point contactV =al| z (25a)

Line contactV =1l z (25b)

Normal load, Py

Figure 3. Ball-race model for point contact.

Normal load, Py,

Roller —

— Contact area

Figure 4. Roller-race model for line contact.
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The depthz to the critical shear stredsbelow the Hertzian contach the
running trackis shown in Fig. 5The length of the running tc& is |, andl;is the
roller width.

The critical shearing stress can be amg or a combination of the maximum
shearing stress,max the maximum orthogonal shearing streigs,the octahedral
shearing stresk,, or thevon Mises shearing stressy. Thevon Mises shearing
stress is &ariationof the octahedral shearing stress.

From Hertz theory11,29] for point contact fig. 3), V andt can be expressed
as a function of the maximum Hertz (contact) str&gs,[29], where

t ~ Smax (26a)

V ~ Shax (26b)

Substituting Egs. (26a) and (26b) in Eq. (24) Brido r  d ,

élﬁ%é,lg% 1
e—

L~ — Q

u ~
E;asmax 9 ésr%ax H Srtr]1ax

(27)
From [28], solving for the value of the exponenfor point contact (ball in a
raceway) from Eq. (27) gives

_ct+2
n=—- (28)

From Hertz theory for line contact (roller in a raceway, Fig. 4),
V ~ Smax (29)
Substituting Egs. (26a) and (29) in Eq. (24) afdo r d ,

61 g% 1 0° 1

e u e u -
&Smax(  éSmax(j Shax

(30)
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Normal load, Py

I / Gy T

/ R Gz maximum
\L Ny !_i/ l Direction
A X x of rollin
r --—b—----i b/—- I\ °
L Rb

~ Depth to
critical Gz
shearing
stress :T-:EZX
Oy <— ngxb Oy
(a) {
Oz

Along centerline, y

Values of stress components, 6; maximum
00.0 0.2 0.4 0.6 0.8 1.0

_ -~ Maximum
shear

Distance from contact surface, z/b
w

Figure 5. Subsurfacestress field under line contact. (a) Hertz stress distribution for roller
on raceway showing principal stresses at distateatow surface. (b) Distribution of
principal and shearing stress as a function of dept#iow surface.
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Solving for the value of for line contact by substituting Egs. (25a) and (28) into
Eq. (26) gives

_c+1
n==_= (31)

From Lundberg and Palmgren [83r point contactc = 10.33 ande = 1.11.
Thenfrom Eq. (28),

S _c+2_1033+2

=1112
o (32)

From Hertz theoryZ9] for point contact,

Smax ~ P% (33)

From Eq. (27) for point contact,

L 1 1 (343)

= DY a
Smax P\

Combining Egs. (33) and (34a) for point contact, and solving,for

P= n_gre 34b
3 3 (34b)

From Eq. (32) whera=11.12
1112

p=——= 3.7 (340)

3
For line contact from Eq. (31),
n:C+1:10'33+1:10.21 (35)

e 1.11

From Eq. (30) for line contact,
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L~ 1 1 (363)
5 a
Smax Py
From Hertz theoryd9] for line contact,
Smax ~ P2 (36b)
Combining Egs. (36a) and (36b) and solvingddor line contact,
n_c+l 1021
=—=— =" "=§H51
P 5" e 5 (36¢)

In their 1952 publication [1Q]Lundberg and Palmgren assureefor line
contact equals 1.125, therordn Eqg. (35)n = 10.1, and from Eq. (36¢p = 5. From
Weibull, the values of the strebfe and the loadife exponents are dependent on
the Weibull slopee, which for rollingelement learings can and usually varies
between 1 and 2. As a result, the values can be only valid for a single value of the
Weibull slope. As an examplé in Eq. (32) for point contact, a Weibull slopef
1.02 were selectedah = 12 andp = 4 from Eq. (34b). Tése values did not fit the
bearing data base that existed in the 1940s.

Lundberg-Palmgren model

In 1947 Lundberg and Palmgren [@plied the Weibull analysis to the
prediction of rollingelement bearing fatigue life. In order to account for the
variation between the values of the Hertz strEfesexponentn and the loadife
exponentp from those experimentgl determined at the time, they introduced
another variable, the depth to the critical shearing siresgheh power wherd(x)
in Eqg. (20) carbe expressed as

Ci.©
f(x)="" 37)

The rationale for introducing’ was that it took a finite time period for a crack
to initiate at a distance from the depth of the criticalasing to the rolling surface.
Lundberg and Palmgren assumed tHa# time for crack propagation was a
function ofZ".
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Equation (24) thus becomes

elt/eldj/[ ]/

&U &/ (38)

For their critical sheang stress, Lundberg and Palmgren chose the orthogonal
shearing stresg&:rom Hertz theory29],

Z~ Smax (39)
For point contact, substituting Egs. (26a), (26imd (39) in Eq. (38) andfor q,
e 1 Ceé J

L~é 0 65U [Snad* -

éSmax u @Smax H Smax

(40)
From [28], solving for the value of the exponemtfor point cntact (ball on a
raceway) fronEq. (40) gives

_Cc+2-h
e

(41a)

From Lundberg and Palmgren [9]sing values of 1.11 fag ¢ = 10.33 andh =
2.33, from Eqg. 41a) for point contact

_ 10.33+2- 2.33 _ 41b
1.11 (41b)
From Eq. (34b) for point contgattheren = 9,
n_9
=—=—=3
P 3 3 (41c)

For line contact, substituting Eqgs. (26a), (28)d (39) in Eq. (38) andfor q,
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e 1 8% 1 g% 1 8% 1

" SSmaxd SSmaxt) SSmart S )
From Eq. (42) solving fon for line contact
= c+1- h (43a)
e
Using previous valueofc andh, ande = 1.125 for line contact
= 10.33+1- 2.33 _ 3 (43b)
1.125
From Eq (36b) for line contact,
p= g = g =4 (43c)

Thesevalues ofn andp for point and line contastcorrelated to the theexisting
rolling-element bearing database.

In their 1952 papefl0], Lundberg and Palmgren modified their value of the
load-life exponentp for roller bearings from 4 to 10/3. The rationale for doing so
was that various roller bearing types had one contact that is line contact and other
t hat 1 s poi nt .c.anardecthe.contlchsdatweasntthe mkerd i
the raceways transformsom a point to a line contact for some certain load so that
the life exponent varieBom 3 to 4 for differing loading intervals within the same
bearing. 0 Thand|ISQsthdardsBN A incorporatep = 10/3 for
roller bearingsComputer codefor rolling-element bearirngincorporatep = 4.

Strict series reliability
Figures 6 and 7 show schematics of de@poove andangularcontact ball
bearing. Figure8 is a schematic of a roller bearing.om Egs. (20) and B0), the

fatigue life L of a bearing inner or outer race determined from the Luneberg
Palmgren theoryQ] can be expressed as follows:

6 6 - - - q (44)
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whereN is the number of stressdgs per innerace revolution and is a material
life factor basedupon air-melt, pre1940 AISI 52100 steéland mineral oil
lubricant

: Outer ring, — - oD
\
/F Shoulders
Inner ring, —
IR
“~— Bore
Outside corner
diameter,
oD

K Inner
raceway

e — Outer
raceway

Do

(b) \ J

Figure 6. Deepgroove ballbearing. (a) Schematic. (b) Cross section without cage.

® NumberedAlSI steel gradeare standardized by tenerican Iron and Steel InstitutalSl).
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P Quter
race

Inner
race —

AN /

Figure 7. Ball-race conformity. (a) Deegroove ball bearing. (b) Angulaontact ball
bearing.

Outer ring — _ — Flange

Shoulder —

~— Inner ring
Oré _ — Raceway

Figure 8. Schematic of cylindrical roller bearing with inner raceway. Bearing
accommodates axianovement by not restraining rollers axially on inner raceway.
Similar bearing with flanged inner ring allows axial roller movement on outer raceway.
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In general, for ball and roller bearings, the running track lengths for Eqgs. (25a)
and (25b) for the inneand outer raceways are, respectively,

I|_ir =pD; = p(de - d cosb) (45a)
and
I, =PD, =pk(de +dcosh) (45b)

whered, is the bearing pitch diameter (see Fig. 6).

In Eq. (45b),k is a correction factor that can account for variation of the
stressed volume in the outer raceway. Equations (45a) and (45b) without the
correction factok are used in the LundbeRpingren theory [9] to develop the
capacity of a single contact on a raceway, assuming that all theabalay loads
are the same. In Eq. (45b), for an angulantact bearing under thrust load only,
k=1.

Under radial load and no misalignment, the str@ssdumeV of a stationary
outer race in a roller bearing or degqmove ball bearing varies along the outer
raceway in a load zone equal to or less than .1B0the ANSI/ABMA and ISO
standards [12,14] for radially loaded, rollle¢ement bearings, Eq$45a) and
(45b) are adjusted for inneace rotation and a fixed outer race with zero internal
clearance, using systelife equations for multiple single contacts to calculate the
bearing fatigue life. The outer raceway has a maximum load zone of A80
equivalent radial loadP.; was developed by Lundberg and Palmgren [9] and is
used in the standards [12,14]. The equivalent Rgdnimics a 180 ball-race load
distribution assumed in the standards when pure axial loads are applied. It is also
used throubout the referenced standards when combined axial and radial loads are
applied in an angulacontact ball bearing.

Equations 45a) and 45b) are applicable for radially loadedller bearing and
deepgroove ball bearings where thaling elemertraceway ontact diameters are
at the pitch diameter plus or minus ttwdler/b a | | di ameterkg<l.cos
The maximum Hertz stress values are different at eaclotbadller-race contact, at
the inner and outer races, and vary along the arc in the zooentdct in a
predictable manner. The width of the contaaf@ a ball bearing (Fig. 3and the
depthz for both ball and roller bearings (Fig. &) the critical shearing stressare
functions of the maximum Hertz stress and are different at the indeswer race
contacts.
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From Jonesd9], for a ball bearing with a rotating inneaceand a stationary
outer ace the number ofstress cycledN;; and N, for a singleinnerracerotation
for single points on the inneand outeraces, respectively, are

za d Q
Eé;% d_e (9) (46a)
Za d 6
E% d_e 8 (46D)

From Es. (12) and (17) from Weibul6,7], Lundberg and Palmgren [8}st
derived the relationship between individual component life and system life. A
bearing is a system of multiple components, each with a different life. As a result,
the life of the systens different from the life of an individual component in the
system. Thd. ;o bearirg system life, wher®0 percent of the population survives,
can be expressed as

1_1 1 -
= 4

e e e

L I‘1O|r LlOor

where the life of the rolling elements, by inference, is incorporated into the life of
each raceway tacitly assuming that all components have the same Weibai# s

where thel,q life of the bearing will be less than the, life of the lowest lived
component in the bearing, which is usually that of the inner fidus is referred to

asa Astrict series reliabilityo opedguat i o
designed and operated rollh@dement bearings, fatigue of the cage or separator
should not occur and, therefore, is not considered in determining bearing life and

reliability. From Egs. (17) and (44), Lundberg aRdimgren [9]derived the
following relation:

P

e

D
€q

Lip = (48)

1-O: OO

N

Equation (48) is identicalot Eq. (8) proposed by Palmgren [#] 1924 if p
equal 3 From LundbergPalmgren [9] the loadlife exponentp equals 3 for ball
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bearings and 4of roller bearings. However, as previously discussed, hergdand
Palmgren in 1952 [1Qjroposedb = 10/3 for roller bearings.

Dynamic load capacity, Cp

Palmgren [4]proposed the concept of a dynamic load rating or capacity for a
rolling-element bearing, defined as the load placed on a bearing that will
theoretically result in & life of 1 million innerrace revolutions. He first
characterized this concept as tlsiibwn in Eq. (6) that subsequently evolved as
Egs. (9) and (10).

From Anderson [2]1]according to the Hertz theory, the dynamic load capacity
should be proportional to the square of the rolietgment diameter. From
experimenthdata, Palmgren30] found that capacity varied a$-® for balls up to
about 25 mm in diameter add* for balls larger than 2Bim in diameter.

From Eqg. (11), the dynamimad capacity varies with the number of rolling
elementsZ to the 2/3 power 7%°). However, this would only be correct for an
inverse cubic relation between load and life.

From Anderson[21], multiplerow bearings withi rows of balls may be
considered as a combination bfsinglerow bearings [21] From strict series
reliability (Appendix B) the following relation between the life of a timolv
bearing and the lives of theindividual rows is obtaine@dssuming that all rows
carry equal load

1_1+1+3+1 45

AT a4 Y a

L® 1§ LS LS (493)

Then

1

T (49b)
|

If each row of the bearing is loaded with a load equal todtyreamic load
capacity of one rowC;, thenlL; = 1 (i.e., one million innefrace revolutionsand
from Eq. (49D,

1
L = - (50a)
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1

The loadP¢, on the entire bearing i€, wherePg, is the equivalent bearing load.
In this case,

Peq =1iGi (51)

From Eqgs. (50b) and (51)

° ~N

gog -1

quiS = 76 (52a)
or

Cp =¢; it Wen) (52b)

For ball bearingsy = 3andeis approximately 1.1, so that the capacity of multirow
bearings varies a8”. For radial ball bearings, the normal force between a ball and
a race varies as 1/ cos b, so twhat et Ibe i c
contact anglésee Fig. 7) The influence of the baflace conformity, bearing type,
and nternal dimensions expressed fay/(c o s®3 @wheref., is the material and
geome%r;/ coefficientTherefore the capacity afradial ball bearing varies as
(icosb .

For thrust ball bearingsthe normal force between a ball and a race varies as
1/ sin b, so that t he boraogcaocyittdyn Whasnthpr o p or
influences of the degree of conformity, of bearing type, and of internal dimensions
are included,tte capacity o thrust ball bearing varies s o s°’(tanp).

For roller bearings with line contact, the lel#@ exponent in the life equation
is 4, so that the capacity variesZ. From Eq. (52b) witlp = 4, the capacity cd
multirow-roller bearing is found to vary &’® Theoretically, the capacity of roller
bearings should be proportionallid. Experimental dat§o] indicate that capacity

varies ad{ 8dv7 .

Formulas for the dynamic load capadiiip as developetty Palmgren [30] and
Lundberg and Palmgren [9, 10] are dependent on
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(1) Size of rolling elementsd (ball or roller diameter) andl (ball or roller
length)

(2) Size of rolling elementsd (ball or roller diameter) andl (ball or roller
length)

(3) Number of rollingelements per ronZ

(4) Number of rows of rolling elements,

(5) Contact angleb (see Fig. 7)

(6) Material and geometry coefficiertt,,

They are incorporated into the ANSI/ABMA and I1SO standards [12 to 14], are
semiempiricaland are as follows:

For radial ball bearings witti ¢ 25 mm

Cp = fepli cos)?7 27318 (53a)
For radial ball bearings witth> 25 mm

Cp = femli cosb )07 273014 (53b)
For radial roller bearings

Cp = foril; cosb)/6 2740”7 (530)
For thrust ball bearings witth, 90°,

Cp = fcm(i cosb)0'7(tanb)22/ 3918 (53d)
For thrustroller bearings witlb , 90°,

Cp = fomlily cosb)/%(tanb)z 3/ 4a2%/27 (53€)
For thrust ball bearings witth = 90°,

Cp = fomi®7z2/3g18

(53f)
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For thrust rollebearings with = 90°,
_ . \7/95,3/4 29/ 27
Cp = femlil )"/ 923/ 4d (530)

The material and geometry coefficidgt(originally designatedc by Lundberg
andPalmgren [9) in turn depends on the bearing type, material, and processing
and the conformity between the rolling elements and the races. Representative
values off., are given in Tablé from the ANSI/ABMA standardg§13,14]. It

should be noted that the coefficidgtand the various exponentskeds. (53a)
through (53g) were chosday Lundberg ad Palmgren [9] and Palmgren |30
match their bearing data base attih®e of their writing. However, the values of

f.m have beempdated periodically in the ANSABMA and ISO standardgl8,31].

Table 1. Representativevalues of rolling-element bearinggeometry and material
coefficientf., in ANSI/ABMA Standard<® and11 ([13], [14]) for representativeolling-
elementbearing size§l8].

Bearing Bearing geometry and material coefficiéft,’
envelopesize,
d cosb Deepgroove and angulasontactball bearingS | Cylindrical (radial)roller bearing
de
0.05 6070(4610) 81.51(7329)
.10 72.16(5480) 92.62(8322)
.16 77.56(5890) 97.35(8747)
22 77.56(5890) 97.02(8767)
.28 74.27(5640) 93.02(8767)
.34 69.26(5260) | e
.40 62.94(4780) | e

#alues off., are for use witmewtons and millimetershose in parentheses are for use withnds and inches
®Prior to 1990f., was designated ds
‘Inner and outerrace conformities are equal to 0.52.

Substituting the bearing geometry and the Hertzian contact stresses for a given
normal loadPy into Eqgs. (44) through (47), the dynamic load capaCgycan be
calculated fromEq. (48). SincePy is the normal load on the maximulmaded
rolling elementit is required that the equivalent lo&gd, be calculated. Onc€p is
determinedf.m can be calculated for ¢happropriate bearing type frdag. (53).

The equivalent loadPsq can be obtained from Eq. (3)nere values oK andY
for different bearing types are given tine ANSI/ABMA standards13,14]. The
dynamic load capacitgp in the sandardsshould beC; (Egs. (53a) to (53¢)or a
radial bearing o€, (Egs. (53d) tq539g) for a thrust bearing.
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Lives determined wusing Egqg. (53) ar e
This can be a small spall or surface pit that may sighificantly impair the
function of the bearing. The actual useful bearing life can be much lohger.
should be also noted that in thdsgs. (53) where derived exponents differed from
those obtained experimentally, those exponents obtained imemealy were
substituted by Lodberg and PalmgrefD,10] for those that they analytically
derived.

loannides-Harris m odel

loannides and Harris3p], using Weibull[6,7] and Lundberg and Palmgren
[9,10] introduced a fatiguéimiting shearstress, where from Eq. (3)/

_+ e
f(x):% (54)

The equation is identical to that of Lundberg and Palmgren (Eq. 37) except for
the introduction of datiguelimiting stress where

e 1 /elrz/]/[]/

h~ & U & (55)
gl - tuy
Equation (55) can be expressed as a functidg,gfwhere
C
a 1 6/eé1 er 1n 1
- g 56
- 1,2 & Sty 9

loannides and Harris3P] use the same values of Lundberg and Palmgree for
c, andh. If t, equas O, then the values of thdertz stresslife exponentn are
identical tothose of Lundberg and Palmgrésgs. (41b) and (43b). However, for
values oft, > 0, nis also a function oft i t,). For their critical shearing stress,
loannides and Harris chose then Mises stress.

From the aboveE q . (48) can be r e wdimtingodoad t o
P.:
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° ~
a cC 0]
LlO =& D O 57a
gpeq‘ I:)u 9 ( )
where
R, =f(ty) (57b)

When Pgq ¢ Py, bearing life is infinite and no failure would be expected. Whge=
0, the life is the same as that for Lundberg and Palmgren.

The concept of a fatigue limit for rollinglement bearings was first proposed
by Palmgren in 1924 (Eq. (5)) [4]t was apparently abandoneg him first in
1945 [5]and then agin with Lundberg in 1947 [9]n 1985, loannides and Harris
[32] applied Pamggndés concept of a f atalnggree | i m
equations in the form shown in Eq. (54). The ostensible reason loannides and
Harris used the fatigue limit was to replace the nmlt@nd processing life factors
[18] that are used as life modifiers in conjunction with the bearing lives calculated
from the LuindbergPalmgren equations

There are two problems associated with the use of a fatigue limit for rolling
element bearing. The first prigm is that the form of Eq55) may not reflect the
presence of a fatigue limit but the presence of mpressive residual stress [18]
The second problem is that there are no data inogen literature that would
justify the use of a fatigue limit for througtardened bearing &is such af\ISI
52100 and AISI N50. In fact, gpaper presented by Tosegal [33], reporting the
results of rotating beam fatigue experiments for threligtuened AlISI 52100 steel
at very low stress levels, shows conclusively that a fatigue limit doesxist for
this bearing steel.

Recent pblications by the ASME34] and tke 1ISO B5,36] for calculating the
life of rolling-element bearings include a fatigue limit and the effects ofraead
conformity on bearing fatigue life. These methods do notydver, include the
effect of ball failure on bearing life. The ISO methodased on the work reported
by loannidesBergling, and GabelliJ7]. The ASME methd as contained in their
ASMELIFE software B4] uses the von Mises stress as the critstedanng gress
with a fatigue limit value of 684 MPa (99,180 psi). This corresponds to a Hertz
surface contact stss of 1140 MP&165,300 psi). The 1ISO 281:20036] method
uses datigue limit stress of 900 MP@30,500 psi), which corresponds to a Hertz
contact sress of 1500 MPa (217,500 pE3Y].

The concepts of a fatigue limit load (bearing load under which the fatigue stress
limit is just reached in the most heavily loaded raceway contact) introduced in the
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new ISO rating method§36] is proportional to the fatigue limibadraised to the
3rd power for ball bearings (point contacthese differing values of load would
result in a 12&ercent higher loadelow which no fatigue failure euld be
expected to occur [31]sing ISO 281:20D[36] than ASMELIFE B4].

The effect of using different values of fatigue limit or no fatigue limit on
rolling-element fatigue life prediction is shown Tiable2. This table summarizes
the qualitative results obtained for maximum Hertz stresses of 1324, and
2068 MPa (200, 250, and 300 ksi) for point contact using Eq. (38) for Lundberg
Palmgren witbut a fatigue limit and Eq. (§5for fatigue limits of 684 MPa
(99,180 psi) (from ASMELIFE) and 900 MPa (130,500 psi) (from ISO 281:2007).
The results arearmalized to a maximum Hertz stress of 1379 MPa (200 ksi) with
no fatigue limit where the aient of Eq. (5% divided byEq. (38) is taken to the
c/e power of 9.3 (taken from Lundberg and Palmgreihe effect of stressed
volume was also fdored intothese calculations3]]:

c
L, o LSt 0" e
IH u
é‘t'tuj[j (58)

whereLy is the life with the fatigue limit,, L is the life without a fatigue limit,
andt is the criti@al shearing stress.

Table 2. Effect of fatiguelimit Uon rolling-element fatigudife [31].

Relative lifé*° (Eq. (58))
Maximum Hertz stressviPa (ksi)

Fatigue limit®t, MPa (ksi)

1379 (200) | 1724 (250) | 2068 (300)
0 (0), LundberegPalmgren 9] 1 0.134 0.026
684 (99.2), ASMELIFE [34] 11.910° 3152 44.6
900 (130.5), ISO 2812007 1D 23.310° 4258
[36]

Thevon Mises stress.
®Includes effect of stressed volume.

“Normalized to life at maximum Hertz stress of 1379 MPa (200 ksi) with no fdiigite

Zaretsky model

Both the Weibull and LundbefBalmgren models relate the critical shear
stresdlife exponentc to the Weibull slopee. The parametet/e thus becomes, in
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essence, the effective critical shear stidesexponent, implying that the critical
shear streskfe exponent depends on bearing life scatter or dispersion of the data.
A search of the literature for a wide variety of materials and for nonredliegent
fatigue reveals that most strdfe exponents vary from 6 to 12. The exponent
appears to be independent of scatter or dispersithe data. Hence, Zaretsi38]

has rewritten the Weibull equation to reflect that observation by making the
exponent independent of the Weibull slogewhere

f(x)=tche (59)

From Egs. (5) and (59)

/

C.
19 e

yé

N

h~

(60)

@x
cc
o)
| =
cc Q\<
D

For critical shearing streds Zaretskychose the maximum shearing strdgs
Lundberg and Palmgre®][assumed that once initiated, the time a crack takes
to propagate to the surface and form a fatigue spall is a function of the depth to the
critical shear stressz. Hence, by implication, bearindatigue life is crack
propagation time dependent. Howevenlling-element fatigue life can be
cat egor i zeyc laess fiiahtiigghu e . time @ amextiemeftyisroal a g a t
fraction of the total life or running time of the bearin§he LundbergPalmgren
relation implies that the opposite is true. To decoupéedépendence of bearing
life on crack propagation rate, Zaretsk88[39] dispensed with # Lundberg
Palmgren relation of ~ Z'®in Eq. (60). (It should be noted that at the time (1947)
Lundberg and Palmgren published their the@)y the concemo f iglfichy c | e O
and -dyoweo fatigue were only then begin
Equation (60) can be written as

\ Y
elgelg c 1

L~ -8 =3 ~
SU VU Sha

(61)

From [2§], solving for the value of the Hertz strdgs exponentn, for point
contact fromEq. (61) gives

I’]_C'|‘Z 62
- (622)
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and forline contact

1
n=c+-=
" (62b)

If it is assumed that = 9 ande = 1.11, n = 10.8for point contact andh = 9.9 for
line contact.If it is further assumed that= 10 ande = 1.0,n = 12 for point contact
andn = 11 for line contact.

What differentiatesEq. (61) and those of Weibu(Eq. 24), Lundberg and
Palmgren(Eqg. (38) and loannidesand Harris(Eq. (%)) is that the relation
between shearing stress and life is independent of the Weibull d€ppe,the
distribution of the failure datddowever, in all four models, there is a dependency
of the Hertz streskfe exponent,n, on the Weibull slope. The magude of the
variation is least with the Zaretsky model.

Although Zaretsky 38,39] does not propose a fatiglieniting stress, he does
not exclude that concept either. However, his approach is entirely diffeoent fr
that of loannides and Harrj82]. Forcritical stresses less than the fatigumiting
stress, the life for the elemental stressed volume is assumed to be infinite. Thus, the
stressed volume of the wponent would be affected whete~ 1NV® As an
example, a reduction in stressed volum&@ipercent results in an increase in life
by a factor of 1.9.

Ball and roller set life

Lundberg and Palmgren [2]o not directly calculate the life of the rolling
element (ball or roller) set of the bearing. However, through benchmarking of the
equations with bearing life data by use of a matey@metry factof., the life of
the rollingelement set is implicitly included in the life calculationExjs. (53a}o
(530)

The rationale for not including the rollirglement set icq. (47) appears in the
1945 edition of A. Palmge n 6 s bwmhek e ] he éshat datt s
phenomenon which determines the life (of the bearing) usually develops on the
raceway of one ring or the other. Thus, the rolling elements are not the weakest
parts of the bearing éo. The database
later the LundberegPalmgren equations were obtained under radially loaded
conditions. Under these conditions, the life of the rolling elements as a system (set)
will be equal to or greater than that of the outer race. As a result, failure of the
rolling elementsin determining bearing life was not initially codsred by
Palmgren. Had it beekq. (47) would have been written as follows:
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olﬁeolﬁeolﬁeolée
68_8 :68_8 +£_8 +£_8 (63)
€9L10+ éaq—ir = E}a—re— Sq—or =

where the Weibull slopeis the ssme for each of the components as well as for the
bearing as a system.

ComparingEqg. (63) with Eq. (47), the value of the.;, bearing life will be the
same. However, the values of theandL,, between the two equations will not be
the same, but the ratio bf,/L;; will remain unchanged.

The fraction of failures due to the failure of a bearing ponent is expressed
by Johnson34] as

N e
. . . _%l1p9
Fraction of innerrace failures= €, U (64a)

abir g

N e
. . o _CLo?
Fraction of rollingelement failures- e u (64b)
é-re

é,"-sysf?‘e
Fraction of outerace failures— g—l_ E (64c)
or

FromEqs.(649 to (64c), if the life of the bearing and the fractions of the total
failures represented by the inner race, the outer race and the rolling element set are
known, the life of each of these components can be calculated. Hence, by
observation, it is possible to @eiine the life of each of the bearing components
with respect to the life of the bearing.

Equations §4a) to G4c) were verified using radially loaded and thrlesided
50-mm-bore ball bearings. Three hundradd forty virtual bearing sets totaling
31,4® bearings were randomly assembled and tested by Momte Candom)
number generatiop]. From the Monte Carlo simulatipthe percentage of each
component failed was determined and compared to those predicte&dso(64a)
to (640). These results arshown inTable3. There is excellent agement between
these techniqudglQ].
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Table 3. Comparison of bearing failure distributions based upon Weliaded Monte
Carlo method and those calculated from equations (64a) to (64c)-fonElore deep
grooveand angulacontact ball bearings [40].

Ball bearing type] Component Percent failure
Weibull-based Results from
Monte Carlo resulty Egs. (64a) to (64c)
Deepgroove Ir_mer race 70.1 69.9
Rolling element 14.8 15.0
Outer race 15.1 15.0
Inner race 45.4 45.1
Angularcontact | Rolling element 45.2 45.1
Outer race 9.4 9.7

Figure 9 summarizes rollingelement fatigue life data for ABEC 7 2B4ze
angularcontact ball bearinganade fromAISI 52100 steel41]. The bearings had
a free contact anglef 10°. Operating conditions weran innefring speed of
10,000 rpm, an outering temperature of 79 °C (175 °F), and a thrust load of 1108
N (249 Ib). The thrust load produced maximum Hertz stresses of 3172 MPa
(460ksi) on the inner race and 2613 MPa (379 ksi) on the outer race. From a
Weibull analysis of the data, the bearihg life was 20.5 million innerace
revolutions or approximately 34.2 rof operation 41].

Seven of the twelve bearings failed from rollelgment fatigue. Two of the
failed bearings had fatigue spalls on a ball and an inner race. Two bearings had
innerrace fatigue spalls. Two bearings had fatigue spalls on a ball, and one bearing
had an outerace fatigue spall. Counting each component tlaaled as an
individual failure independent of the bearing, there were four irene failures,
four ball failures, and one outeace failure for a totalfonine failed components.
Innerrace failures were responsible for 44.4 percent of the failurelsfdilates,

44.4 percent; and outeace failures, 11.percent. Using each of these percentages
in Egs. (64a) to (64c) together with the experimebialife, the lives of the inner

and outer races and the ball set were calculated. For purposes dtthatiom, the
Weibull slopee was assumed to be 1.11, the same as Lundberg and Palmgren [9].
The resultant componeht, lives were 53 million innerace revolutions (88.3 hr)

for both the inner race and ball set and 183.3 million Hnaee revolutions305.5

hr) for the outer race.

“The ABEC scale is a system for rating the manufacturing tolerances of precision bearings developed by the
Annular Bearing Engineering Committee (ABEC) of &ki2MA .
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Type of failure

300 — O Ball

A Inner race

[] Outer race N
250 — N Ball and inner race
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Bearing life, millions of inner-race revolutions
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Figure 9. Rolling-element fatigue lives of AISI 52100 2@#&e angulacontact ball
bearings. Contact angle is 1@uterrace temperature, 7€ (175 F); thrust load, 1108
N (249 Ib; innerring speed, 10,000 rpm; lubricant, MLL-7808; L., life, 20.5 10°

innerring revolutions (34.2 hr); and failure index, 7 out of 12 [41].

For nearly all rollingelement bearings the number of inmace failures is
greater than those of the outace. Accordingly, fronEgs. (64a) and (64cjhe
life of the outer race will be greater thamtlof the inner race. Zaretsk{g noted
that for radially loaded bearings (ball or roller), the peragabf failures of the
rolling-element set was genesakqual to and/or less thdahat ofthe outer race.
For thrustloaded bdl or roller bearings, Zaretskyl®] further noted that the
percent or the rollingelement set was equal to or less thaat forthe inner race
but more tharfor the outer raceln order to account for material and processing
vari ations, Zaretsky devel oped[l8hat i s
For radially loaded ball and roller bearings, the life of the rolling element set is
equal to or greater than the life of thet@r race. Let the life of the rolling element
set (as a system) be equal to that of the outer race.
FromEqg. (63)
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o 1 66 o l 6e o 1 Ge
éaq—lo = éaq—ir = Sq—or =

whereL,e = L.

For thrustloaded ball and roller bearings, the life of the roHgigment set is
equal to or greater than the life of the inner race but less than that of the outer race.
Let the life of the rollingelement set (as a system) be equal to that of the inner
race.

FromEq. (63),

° e. o € ~ &
a1 o A 01 a
2 = tW— a (66)
¢lo =+ Lg¢ o
Wherel_re = Lir.

Examples of usindegs. (65) and 66) are given in[18]. As previously stated,
the resulting values fdt; andL,, from these equations are not the same as those
from Eq. (47). They will be higher.

H. Takata #2], using a modified approacl the Lundberg?almgren theory
[9], derived the basic dynamic load capacity of the rolelgment bearing set in
addition to those for the inner and outer races for radial and Hloadgtd ball and
roller bearings. For radially loaded ball bearings, Takata assumes random ball
rotation. for thrustloaded ball bearings, he assumes a single or fixed running track
oneach ball. According to Takatthe basic dynamic load capaciiy of a bearing
system can be expressed as

Co=(G" G &) " 67)

whereCp is calculated frontgs. (53a) and $3b) (from LundbergPalmgren [9),
and the exponentw is equal to 10/3 for ball bearings. Takd#2] provides
equations for calculating the dynamic load capacity of the re#diegnent (ball)
set, C.. The resulting values fo€; and C,, will be higher than those from the
LundbergPalmgren eqations [9]

Takata f2] performed a single badlet life calclation within his paper for a
30-mm-bore deemgroove ball bearing. From this calculationdencluded that for
this bearing
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Cir < Cre < Cor (688.)
Thiswould imply that
I—ir < Lre < Lor (68b)

However, Takata[42] did not validate his example or hegjuations to determine
ball- or rollerset life with abearing life data base.

Ball-race conformity effects

ANSI/ABMA and ISO standards based tie LundbergPalmgren bearing life
model [9] are normalized for ball bearings having inneand outerrace
conformities of 52 percent (0.52) and made from-}840 bearing steel. As
discussed previously, the LundbdPglmgren mdel incorporates an inverse 9th
power relation between Hertz stress and fatigue life for ball bearings. Except for
differences in applied loading, degpoove and angulazontact ball bearingare
treated identically. The effect of race conformity on ball set life independent of
race life is not incorporated into the Lundbétgimgren modelAn analysis by
Zaretsky, Poplawski, and Rod1,43] considered the life of the ball set
independently rom race life, resulting in different life relations for degpove
and angulacontact ball bearings. Both a 9thnda 12thpower relation between
Hertz stress and life were considered by them.

Rolling-element bearing computer models are capable of handling various race
conformities in combination with LundbeRglmgren theory, but they universally
do not include the influence of baét life on overall bearing life. Computer
programs acknowledigg the influence of balkket life are typically used for more
rigorous analysis of bearing systems but are not commonly used in the general
bearing design community.

The conformities at the inner and outer races affect the resultant Hertz stresses
and tle lives of their respective raceways. The determination of life factgrand
LF, based on the conformities at the inner and outer races, respectively, can be
calculated by normalizing the equations for Hertz stress for the inner and outer
races to a cdormity of 0.52 (the value of 0.52 was chosen as a typical reference
value). Stresses are evaluated for the same race diameter as a function of
conformity. Based on Eq. (27), the ratio of the stress at a 0.52 conformity to the
value at the same normal loadéy at another ball-race conformity, where
n=9 or 12, gives the appropriate life factor
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n

LF — %Smaxo.SZ 8 (698.)
% Snax 0
For the inner race,
N n
e 2 )
éqg, 2 4 1 3(m|)i u
‘?%e -d d 0.52d§ u
LE = éc u
e, 2 y (6%)
e 2 1 u
- d d fa0 Mhs2
ég e- | = U
and for the outer race,
e, ~23 g
éa 2 4 1 u
;R + — - Q mn, <
= _S& de+d d 052d9 ( r)og
° &, 6% U (6%c)
2 2 4 1083 }
u
S 8 (m ')o.szl;,
& de+d d f,d? 0

The values ofr(n)y s, are different for the inner and outer races.

For various ball bearing seri¢see Fig. 0), values of these liféactors for
conformities ranging from.805 to 0.570, subject to rowadf error, are givenn
Table4 for inner and outer raceorn=9 and 12.
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o O Al

-

Bearings 1908 108 208 308 408
Series Extremely Extra Light Medium Heavy
light light
Cp 1 1.42 2.24 3.05 4.35

Figure 10. Effect of bearing series on relative sizes and dynamic capaciesf 40
mm boredeepgroove ball bearings [31].

From [31] and [43], the ratio of the outeto the inneirace life can be
approximated as

o N
L gesma& 8

X =20 > 70
L Bina, 0 7o)

Referringto Figs. 7 and 8 and Hertzian contact theory [29] (see Appendix C),

n

e, 5 [
egg 2cosh +4 1 8%(m|) u
e q° 5 ou
L €, 2 u 71
' é  2cosb 4 1 OA U (71)
s o8 (Mg
& de+dcosb d f,d@ R

Values ofmm for representative ball bearing series can be obtained from Table
4. Assuming co® = 1 andf; = f, = 0.52, values oL,/L; were calculated from Eq.
(71) forn=9 and 12 and are summarized in Table 5. It should be noted that in the
development of these relationships it was assumed that the contadb aogle not
change with speed and load [31,43].
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Table 4. Effect of raceconformity andHertz stresslife exponentn on ball bearindife as
functionof ball bearingserie§ [43].

Ball bearing series
. Extremely light, dcos =0.15
Conformity, e
f Inner race Quter race
~ Life factor, LF; ~ Life factor, LF,

(G3) n=9 n=12 (O3 )—h=9 n=12
0.505 2.013 14.7 36.05 1.826 11.84 27.00
0.510 1.776 4.53 7.51 1.673 3.61 5.53
0.515 1.641 2.12 2.73 1.551 1.71 2.05
0.520 1.517 1.00 1.00 1.471 1.00 1.00
0.525 1.503 0.88 0.84 1.415 0.66 0.57
0.530 1.452 0.62 0.53 1.369 0.46 0.36
0.535 1.409 0.45 0.35 1.335 0.35 0.25
0.540 1.376 0.35 0.25 1.304 0.27 0.17
0.545 1.361 0.30 0.20 1.282 0.22 0.13
0.550 1.328 0.23 0.14 1.262 0.18 0.10
0.555 1.306 0.19 0.11 1.244 0.15 0.08
0.560 1.296 0.17 0.10 1.227 0.13 0.06
0.565 1.278 0.15 0.08 1.211 0.11 0.05
0.570 1.262 0.13 0.06 1.196 0.09 0.04

Extra light, 3°2 = .18
e
0.505 2.048 12.58 29.27 1.887 11.88 27.10
0.510 1.784 3.47 5.25 1.662 3.54 5.40
0.515 1.654 1.68 1.99 1.541 1.68 2.00
0.520 1.570 1.00 1.00 1.465 1.00 1.00
0.525 1.505 0.66 0.57 1.407 0.65 0.57
0.530 1.458 0.47 0.37 1.364 0.47 0.36
0.535 1.441 0.41 0.30 1.345 0.39 0.28
0.540 1.398 0.30 0.20 1.303 0.28 0.18
0.545 1.366 0.23 0.14 1.276 0.22 0.13
0.550 1.336 0.18 0.10 1.254 0.17 0.10
0.555 1.307 0.15 0.08 1.234 0.14 0.08
0.560 1.301 0.13 0.07 1.212 0.12 0.06
0.565 1.283 0.11 0.06 1.204 0.10 0.05
0.570 1.267 0.10 0.05 1.192 0.09 0.04
Light, 95°% _ 023
de

0.505 2.062 12.32 28.38 1.870 11.83 26.94
0.510 1.843 4.28 6.95 1.652 3.61 5.54
0.515 1.658 1.58 1.84 1.549 1.89 2.34
0.520 1.583 1.00 1.00 1.454 1.00 1.00
0.525 1.520 0.67 0.58 1.397 0.66 0.57
0.530 1.471 0.48 0.37 1.354 0.47 0.36
0.535 1.431 0.36 0.25 1.333 0.38 0.28
0.540 1.401 0.28 0.19 1.292 0.27 0.18
0.545 1.374 0.22 0.14 1.267 0.21 0.13
0.550 1.347 0.19 0.11 1.235 0.16 0.09
0.555 1.324 0.15 0.08 1.227 0.14 0.08
0.560 1.312 0.14 0.07 1.211 0.12 0.06
0.565 1.298 0.12 0.06 1.198 0.10 0.05
0.570 1.280 0.10 0.05 1.180 0.09 0.04
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Ball bearing series
) Medium, dcosh =0.25
Conformity, e
f Inner race OQuter race
~ Life factor, LF; ~ Life factor, LF,

(G3) n=9 n=12 (O3 )—h=9 n=12
0.505 2.067 11.78 26.82 1.878 12.34 28.53
0.510 1.893 5.11 8.81 1.623 3.09 450
0.515 1.684 1.71 2.04 1.524 1.64 1.93
0.520 1.594 1.00 1.00 1.454 1.00 1.00
0.525 1.548 0.74 0.67 1.393 0.64 0.55
0.530 1.483 0.48 0.38 1.350 0.45 0.35
0.535 1.442 0.36 0.26 1.314 0.33 0.23
0.540 1.409 0.28 0.19 1.285 0.26 0.16
0.545 1.382 0.23 0.14 1.253 0.19 0.11
0.550 1.360 0.19 0.11 1.234 0.16 0.09
0.555 1.338 0.16 0.09 1.214 0.13 0.07
0.560 1.318 0.14 0.07 1.206 0.12 0.06
0.565 1.304 0.12 0.06 1.186 0.09 0.04
0.570 1.289 0.10 0.05 1.190 0.09 0.04

Heavy, dcosh =0.28
de

0.505 2.056 11.87 27.08 1.874 13.02 30.62
0.510 1.784 3.18 4.17 1.637 3.58 5.47
0.515 1.668 1.62 1.97 1.519 1.70 2.03
0.520 1.583 1.00 1.00 1.443 1.00 1.00
0.525 1.547 0.78 0.72 1.387 0.66 0.57
0.530 1.472 0.48 0.38 1.345 0.47 0.36
0.535 1.435 0.37 0.27 1.310 0.34 0.24
0.540 1.400 0.29 0.19 1.282 0.27 0.17
0.545 1.373 0.23 0.14 1.260 0.22 0.13
0.550 1.346 0.19 0.11 1.231 0.17 0.09
0.555 1.327 0.16 0.09 1.217 0.14 0.07
0.560 1.310 0.14 0.07 1.206 0.12 0.06
0.565 1.292 0.12 0.06 1.191 0.10 0.05
0.570 1.283 0.11 0.05 1.180 0.09 0.04

All values ofLF; andLF, are normalized to 1.00 for conformityf 0.520.

Table 5. Representativeatios of outer to innerracelife, L /L; for representativéall
bearingseries asa function of Hertz stresdlife exponent n, at inner and outerrace
conformitiesof 0.52(from Eq. (70)).

Ball bearing serie dcosh Outer to inneFraquife ratio, X = Lo/L;
q Hertz stresdife exponentn
€ 9 12
Extremely light | 0.15 4.35 7.11
Extra light 0.18 4.39 7.18
Light 0.23 6.61 12.40
Medium 0.25 8.36 16.96
Heavy 0.28 12.04 27.60
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Deepgroove ball bearings

Zaret skyos Rul aeepgooovebalebdariregd (Eqy (65)),ahe tifee d
of the rolling element set is equal to or gredtan the life of the outer race.
Therefore L. = Lo with X = L /L, EqQ. (65) can be rewritten as

axeLe 6%
Lip =2 2
X +22

(72)
Applying life factors based on the effect of conformity to the respective lives of
the inner and outer racdsg. (72 becomes
(LFi J(LFo XL

" [(LFO)eX ©+2(LF )¢ Ye 7

Dividing Eq. (73 by (72) provides the bearing life factduf. for the radially
loaded deeygroove ball bearing based on conformity:

SRR (x +2)e
©E{LR) x° + 2(LF 9

Angular-contact ball bearings

From Zar et s ky dosdedRball bearirfg® (Eq. (66))r thedife of the
rolling element set is equal to or greater than the life of the inner race but less than
that of the outer race with = L; and X = LJ/L;. Equation(66) can be written as
follows:

a xe.e 5}é

e . (79

Lio =
gezxe +19

Applying life factors based on the effect of conformity onrpective lives of
the inner and outeaces, Eq.15) becomes
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Lo = (LF, )(LF )XL| 76
i [Z(LF ]%

Dividing Eq. (76) by (75) provides the bearing life factd. for the thrust
loaded, angulacontact ball bearing recognizing conformity:

(LF; )¢(LF, )¢ (2xe+1)ﬂy

LF, = u
2(LF,)eX®+(LF )® g

(77)

@>- (P~ D/

Representative life factotsk, from Egs. (22), (27), and (31) were determined
with the Lundber¢Pal mgr en t heor yRula baded dna fowt s k y
combinations of innerand ouér-race conformities andor three representative
series These redts are summarized in Table for the two Hertz stredde
exponents = 9 and 1743).

From the above, the ANSI/ABMA and ISO life calculations can be modified
based upon balaceconformity as follows:

-LF, a&o

CFeq?

L1o (78)

The bearing fatigue lives in actual application will usually be equal to or greater
than those calculated ugj the ANSI/ABMA and ISO standards that incorporate
the LundbergPalmgren model. Ae relative fatigue life of an individual race is
more sensitive to changes in race conformity for a Hertz dlifessxponentn of
12 than wheren = 9. However, when the effects are combined to predict actual
bearing life for a specified set of conditions and bearing geometry, the predicted
life of the bearing will be greater for a valuerof 12 p = 4) thann =9 (p = 3)

[43].
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Table 6. Lif e factors based on combinations of salte conformities foHertz stresdife

exponenn = 9 and 12 normalized to innaand outerrace conformities of 0.52 [43].

Ball-race conformity

Bearing life factor for conformit§LF.

Deepgroove ball bearing

Angular-contact ball bearing

. . Lundberg
Ball bearing serie Innerrace, Outerrace, Palmgreh From Change from From Change from
R OR Eq. (72) Lundberg Eq. (77) Lundberg
) Palmgren% ) Palmgren%
ac, 0
Hertz stresdife exponentn = 9 andL;o = 63639
Feq @
Extremely light, 0.505 0.52 4.16 3.15 i24.30 7.40 i77.83
dcosh 0.57 0.52 0.15 (01T I— 0.14 i6.59
o -015 0.52 0.505 1.16 1.19 2.59 1.09 i6.23
e 0.52 0.57 0.35 0.22 i37.11 0.45 29.83
Light, 0.505 0.52 5.10 3.05 140.28 6.97 36.76
dcosh 0.57 0.52 0.11 0.10 i9.09 011 | e
=0.23 0.52 0.505 1.10 1.04 i5.68 7.05 i4.42
e 0.52 0.57 0.49 0.27 139.04 0.59 35.15
Heavy, 0.505 0.52 6.77 4.66 i32.24 8.51 25.73
dcosh 0.57 0.52 0.12 0.10 118.53 0.09 126.03
=0.28 0.52 0.505 1.05 0.89 i 15.08 1.03 i2.22
e 0.52 0.57 0.59 0.31 i 46.87 0.73 24.15
2 A
a Q
Hertz stresdife exponenin = 12 andL;o = aQ—DQ
Feq 2
ac 0 ac 0 ac 0
0.505 052 | 683%LR0 | 365000 146.56 | 1079200 57.98
f;aDeq - éajeq = éﬁeq =
ac 0 ac 0 ac 0
Extremely light 0.57 052 | 00780238 | 006228 71429 | 006228 714.29
' a:>eq 9 a:’eq 9 a:’eq 9
deosb _ e LR ¢ ¢
: ac, 0 acn 0 acn 0
de 0.52 0505 | 110808 | 102%00 1727 | 105828 1455
(‘?Peq + g—peq = gspeq hs
ac 0 ac 0 ac 0
0.52 057 | 026%28 | 014208 14615 | 0.30208 50.00
Feq @ Freq ? Feq @
ac 0 ac 0 ac 0
0.505 052 | 9.67&LR8 | 503200 147.98 | 1403508 45.09
Feq ? Feq ? Feq ?
ac 0 acn 0 ac 0
Light 0.57 052 | 005808 | 004200 712000 | 005828 ...
dcosh ' queq 9 (a;qpeq 9 Sq:’eq 9
%o =0.23 aco 8 aco 8 aco 8
€ 0.52 0.505 1.05 g 0.89 g 7115.24 1.03 g 711.90
gspeq = (a;qgeq = gspeq =
ac 0 ac 0 ac 0
0.52 057 | 037828 | 020%09 14595 | 05308 43.24
Feq @ Feq @ Feq @
ac 0 ac 0 ac 0
0.505 052 | 14978208 | 781%00 14783 | 1913808 27.79
Feq ? Feq @ Feq ?
ac. 0 ac 0 ac 0
Heavy 0.57 0.52 0.058&‘C—Dg 0.04aec—Dg 120.00 o.osaeC—Dg -------
dcosh ' queq b (a;qpeq b Sq:’eq b
%0 =0.28 aco @ aco @ aco @
e 0.52 0.505 1.028&‘(:—3 0.77aec—g i24.51 1.01aec—g 70.01
gspeq = (a;qgeq = gspeq =
ac. 0 ac. 0 ac 0
0.52 0.57 057800 | 030809 147.37 0728509 26.32
ngeq 9 gpeq 9 SEPeq 9

ac, 0
2All life factors are benchmarked tqo = %g and inner and outeirace conformities of 0.52.

°For deepgroove and angulazontact ball bearings.

¢ eq-
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Stress effects

Hertz StressLife Relation

There is an issue of what the value of the Hertz stifesselation and, hence,
the value of the loatife exponentp should be for purposes of analysis. The
generally accepted relation between load and life in a redlagent beang is
that life varies with the inverse cubic power of load for ball bearings (point
contact) and with the inversith power of load for roller bearings (line contact).
Work repored by Parker and Zaretsk$4] suggests that for amelted steelshe
exponentn is approximately 9 for point contact. However, for the cleaner-post
1960 vacuunprocessed steels,= 12 for point contact. A definitive datmse does
not exist for line contact (roller bearings).

For ball bearings, the Hertz strddge relation where life is inversely
proportional to the maximum Hertz stress to @tle power and the cubic root of
load, has been generally accepted by ball bearing manufacturers and users. There is
at least one exception where a manufactbas indicated bsed on its unpublished
database that the life of ball bearings varies inversely with4tinegpower of load
(or 12th power of Hertz stress). Nevertheless, the inverse cubidifiloadlation
has been included in the ANSI/ABMAastdards for ball bearingd3].

Varying the Hertz stresiife exponentn can significantly affect life predictions
for bearings. Usingh = 9 results in a more conservative estimate of bearieg lif
than usingn = 12. Also, the ratio of the predicted lives at the two values of the
Hertz stresdife exponentn is a function of load and is directly related@g/Peq.
Hence, in the normal operating load envelope, life may be underpredicted by a
factor of 20 when using the ANSI/ABMA standards o9ta power Hertz stress
life exponentn. A proper streséife exponent then becomes more than of mere
academic interest, since a design engineer requires a reliable analytic tool to
predict bearing life and performance.

Fatigue tests of ball bearings by several investigators tended to verify this
inverse cubicelation. Styri 5] presented data for two types of ball bearings. For
one group of 6208ize, deefgyroove ball bearings under various radial loads from
3.5to 17.3 kN (775 to 3880 Ibf), life was inversely proportional to load to the 3.3
powa. Another group of 1208ize doublerow selfaligning bearings was tested
such that the maximum Hertz stress at the enateeball contact varied from 4.0
to 5.6 GPa (580 to 810 ksi). Here it was found that life varied inversely with the
9th power of stess (or the8rd powerof load). Cordiancet al [46] reported load
life data for 217size, thrusioaded ball bearings. The resultant Hertz stiéss
exponents were 8.1, 9.6, and 12.6 for three lubricants, a-glgtel base, a
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phosphate ester base, amgphosphate ester, respeely. McKelvey and Moyer
[47] reported that, with four groups of AISI 4620, carburizgekel, crowned rollers
(elliptical contact), fatigue life varied inversely with maximum Hertz stress to a
range of theBth to 9thpower. Maxmum Hertz stress ithese tests varied from 1.8

to 3.3 GPa (262 to 478 ksi). Townsemntl al [48] surface fatigue tested three
groups of casearburized, consumabkectrodevacuumarcremelted AlISI 9310
8.89cm (3.5in.-) pitch-diameter spur gears at rmmum Hertz stresses of 1.5,
1.7, and 1.9 GPa (222, 248, &R ksi). The gears were ranl10,000 rpm and 77

°C (170 °F). The lubricant was superrefined naphthenic mineral oil with an
additive package. Thiey life varied inversely with stress to the dwer, but the

Lso life varied inversely with stress to the 10.2 power. The average Hertzldgess
exponennh was 9.3.

Seeral other investigators49 to 57] have reported data with bentpe,
rolling-element fatigue testers, rather than with-fdale bearings or geailSata
aresummarized imable7. ThelLg lives as a function of maximum Hertz stress for
these data are shown in Fid.. From the table the maximum Hertz stress for these
data ranged from 3.7 to 9.0 GPa (526 to 1300 ksi). With the exception of
Gr e e n e r {54 the stressif&k exponents ranged from 8.4 to 12.4. The data
are all for AISI 52100 and AISI Mb0 steels (excepfor the data repted by
Barwell and Scott49], who do not state the type of steel). At least two sets of data
were for airmeltedstee) three were for vacuwtdegassedtee] and one was for
vacuumarcremelted steel. The other references do not giatenelting process.

Table 7. Published benchtype rig rolling-elementfatigue data related to stresdlife
effects[44].

Numbgr e . Load range, Maximum Hertz LoadHife Stresslife

froTlFlg' Reference Type r’;Areoltciggs Lubricant kg sgf;f Eﬁgge’ exponent | exponent | 1estpe
1 Bgé‘(’)“;'{ j‘é}d — @ Mineral oil 20010600 | 45 10965'(?)'{660 to 28 8.4 Fourball
2 cB;:ltirr[gg]d AISI 52100 Airmelt | SAE 10 mineral oil | --eeeeeeee- 41 107%3)(600 o 35 10.4 Spin rig
3 cB;:ltirr[gg]d ¢ All\éllvl;:}SO) Air melt | SAE 10 mineral oil | - 41 107%5)(600 o 32 9.7 Spin rig
4 Baughmarfst] | Al“é'm%so) @ MILTLI 7808 | -oeceeeeeeee 44 10757';‘)(640 o 32 97 Roling. .
5 Scott [52] ( AIEII\%%OO) (a) Diester 400 to 600 5.7 togg.OG) (83010 3.6 10.8 Four ball
6 oféinrgiti%ds] AISI 52100 @ B X T (— 37 1072'3)(526 to 08 g5 Crgg{(‘ed
7 Greener{54] AISI 52100 @ '\l‘j‘g’z Cﬁiig Iﬁp ------------- 58 108%3)(840 © | 5163 | c15t019 Toroids
8 Va"[’s”s'i’t al Alsis2100 | Vacuumare YT s TR — 42 tos%g)(elo to i1 42,4 Four ball
9 SCFZ?;T{SQG?M AISI 52100 ;’:‘g:susr‘; ; Squalene | —eeeceeeeee 6.4 “’lg(‘)%)(gzs to 38 115 Four ball
10 SCFZT;T{SQG?M ASI52100 | Jeal ng‘;;ﬁ”;S ------------- 64 1"136%)(925 © 3.9 117 Four ball
1 Zzgf:;ya[’;i] AISI 52100 X?gﬁé‘s”; | Prenomneral | 45 ‘08?507)(6'50 o 4 12 Five ball

Melting process not reported.

PApproximate stress range, not reported by authors of reference.
‘Estimated, not reported by authors of reference.

YReanalyzed by Zaretsky and Parker [57].

93



Erwin V. Zaretsky

1200 — 85
1100 —

1000 — & 7.0

900 —

o
o

800 —

o o
o o

700 —

Maximum Hertz stress, ksi
Maximum Hertz stres

.
)

600 —

B
o

500 — 55 I I
102 10-1 100 101 102 103
Life, millions of stress cycles

Figure 11. Summary of published strefite relation data for Hertzian contacts failing
from rolling-element fatigue. Refer to Table 7 [44].

The Hertzstresslife exponents from Greenef4], ranging from 15 to 19, are
much higher than those from other publishdaita. This lack of correlation is
unexplained. However, there is a probability that congvesresidual stresses
presentin the steel could account for the resultant high values of the Hertz-stress
life exponents.

Lorosch p§| fatigue tested three group$ vacuumdegassed 7205Bize AlSI
52100 inner races at maximum Hertz stresses of 2.6, 2.8, and 3.5 GPa (370, 406,
and 500 ksi), respectively. Each group consisted of 20 races, for a total of 60. (It is
assumed that all 60 races came from a single heaat#rial and were of the same
hardness, but Lorosch does not state so in his paper.) After the test runs Lorosch
examined cross sections of the races. He observed that only at the lowest stress, 2.6
GPa (370 ksi), did no measurable plastic deformation océu the two higher
stresses plastic deformations of different magnitudes were measured. Lorosch
divided the races at the two higher stresses into groups according to these
magnitudes. Group A included the races with the smaller deformations, and group
B included the races with the larger deformations. The resultant -ffeess
exponent of groups A and B was 12. wéver, when E.V. Zaretsky [28]
reconstituted the data for groups A and B into a single group, designated group
AB, the stresdife exponent vagd from 12 to 27 depending on the stress range
over which the exponeémnvas calculated. Lorosch§] did not calculate the stress
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reduction resulting from plastic deformation of the races, nor did he report on
component hardness, hardness differential betwbe balls and races, or residual
stresses induced during operafioall of which would also have affected his

resul ts. From t hese test s Lorosch cCon

elastohydrodynamic lubrication there is no material fatigue, thusatidg that

under such conditions bearing |ife is
Zwirlein and Schlicht%9], in a companion paper publishedncarrently with

that of Lorosch 8] and using the same 7205#e bearing inner race data, state

t hat @ congdlesstharp GRay3Wksiedo not lead to the formation of

pitting within a foreseeable period. Thi®rrespondd otruedendurande . This

observation would support the assumptioy loannides and Harris [32)f the

exi stence of aaifagi gueel smiot HOowevbe,

supported by rollingelement fatigue data in the open literature for sttegsls
under 2.6 GPa (370 ksi) such as those reported j60i 64], which exhibited
classical rollingelement fatigue. In rotating achinery nearly all rollingelement
bearings operate at a maximum Hertz stress less than 2.1 GPaij30bé&=fore,
if Lorosch B8] and Zwirlein and SchlichtS] were correct, no bearing in rotating
machinery applications would fail by classical rajialement fatigue.

To the aut horos knowl ed g-gendrdied,fulscala r e
bearing rollingelement fatigue data at stresses significantly below 2.1 GPa (300

P

nC

ksi) that would either establish or refute thesprempt i on ofi mat .Ad at

However, Townsenet al [65] reported rollingelement and bending fatigue tests
for four sets of spur gears made from throtgindened, vacuwmductionmelted,
consumableelectrodevacuumarcremelted (VIMVAR) AISI Mi50 steel and
casecarburized,vacuumarcremelted (VAR) AISI 9310 steel. These gears were
tested at a maximum Hertz stress of 1.7 GE ksi) and a maximum bending
stress at the tooth root of 0.27 GPa (39.K8his results in a maximum shearing
stress at the tooth root of 0.14 GPa
machined as wasne set of the AISI M50 gearsA second set of AISI W50
gear s was i setshapd dorgddd using eaa controledergyflow
forming technique (CEFF). The third set of AISK B gears was ausforged in a
CEFF machine [65].

The results of these tests are shown in Fig.6R}. [The entire set adtandard
machined, case carburized VAR AISI 9310 gears failed by classiang-
element fatigue at or near the gear tootltipitiameter. There was no toeth
bending fatigue failure with the AIS®310 gears. The entire set of standard
machined AISI M50 gears failed by bending fatigue. The standard forged and
ausforged AISIMT50 gears failed by classicablling-element fatigue and had
approximatelys times thelL, life of the AISI 9310 gearslhe standardmachined
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AISI M750 gears had ah;g bending fatigue life of aboutO percent that of the

AISI 9310 gear surface fatiguddi
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Figure 12.Fatigue lives of spur gear systems made of WIKR AISI M-50 and VAR AISI

9310 [65]. Maximum Hertz stress, 1.71 GPa (248 ksi); maximum bending stress at tooth

root, 0.27 GPa (39 ksi); speed, 10,000 rpm; temperature 350 K B)7Qbricant, super
refined naphthenic mineral oil. (a) Standard machined AISbQVibending fatigue. (b)
Standard forged MO pitting fatigue. (c) Ausforged MO pitting fatigue. (d) AISI 9310

pitting fatigue. (e) Summary of gear life.
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What is significaniabout these tests [65] is that bending fatigue is reported for
through hardened bearing steel (AIST B0) at shearing stresses of 0.14 GPa (20
ksi). These results suggest that if a fatigue limit exists for AIB5Mt would be
less than 0.14 GR20 ksi)

While it can be reasonably argued that the resultant stresses may be higher than
that reported because of gear tooth dynamic loads, tooth bending fatigue was not
experienced vih the standardhachined casearburized AISI 9310 gears under the
same conditions.

The standard forged and the ausforged AISISBI gears did not fail from
bending fatigue but did fail from classical rollkedement (surface) fatigue. These
results further suggest thdtthere is a fatigue limit for throughardened bearing
steels it would be less than at a maximum Hertz stress of 1.7288&si).

As previously discussed, a pagaesented by Toshet al [33] reporting the
results of rotating beam fatigue experimefotsthroughhardened AISI 52100 steel
at very low stress levels, shows conclusively that a fatigue limit does not exist for
this bearing steel.

The explanation fothe trend in the Lorosch§ and Zwirlein and Schlich59]
data is the inducement of conegsive residual stresses in the AISI 52100 steel
caused by the transformation of retained austenite into martensite during-rolling
element cycling. These compressive residual stresses were repgrigdirlein
and Schlicht Compressive residual stresseduee the effective magnitude of the
maximum shear stresses caused by Hertzian loading. This lower stress results in
longer bearing life and deviation from the Hertz stigesexponenin of 9 or 12 to
a significartly higher value. Lorosch 58] and Zwirlen and Schlicht 9]
extrapolated their data, leading them to conclude the existence of a Hfangue
stress rather thamoncluding that induced compressive residual stresses had
increased bearing life.

Lorosch p8] performed another series of rolliedement fatigue experiments
with 20 inner races, designated group C, from the same heat as groups A and B. He
used a Rockwell hardness tester to makenthidiameter indentations at four
evenly spaced locations arourtetcenter of the race circumference. He divided
group C into 1l€ébearing sets, which were tested at 2.6 and 2.8 GPa (370 and 406
ksi), respectively. The.q lives for group C were significantly reduced from the
group AB lives. These tests exhibited a 9.Fesdlife exponent. Because these
indentations are analogous to wear debris denting during bearing operation, the
results suggest that surface damage is another factor affecting thelifgtress
exponent.
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Residual and loop gresses

Residual stresses cdre induced in a material by heat treating, rolling, shot
peening, diamond burnishing, and severe grinding. Each of these methods (except
heat treating) is a separate mechanical process that ismedafter heat treating
[1518]. Figure B shows repressative residual stresses as a function of depth
below the surface for three heeeated bearing steeld44,18]. Carburizedgrade
steels generally have high compressive residual stresses in their cases, as shown for
the carburized AISI 9310 and carburiz&MS 6278 (VIMi VAR M50 NilL) steels
in Fig. 13. Residual stresses are virtually nonexistent in unrun thrbagiened
steels but are induced at the surface by grinding to a depth of approximataty 25
(0.001 in.) below the original surface. They can also be induced during operation
or stressing othe bearing race surfac£d,18].

(+) Tensile | (=) Compressive

0— 0— —{ 1O
40 —
E £ .
g 2 80 — Bearing
© ] material
T 48 O AISI M—50
= 7 S19310
% z A M50 NiL
s 6= 28 450
= 3
g | &
8 — 8 200 —
10 240 — 4
280 | | | | | | |
0.2 0.0 -0.2 -0.4 -0.6 -0.8 -1.0 -1.2
Residual stress, GPa
I I I I |
0 -40 -80 -120 -160

Residual stress, ksi

Figure 13. Representative principal residual stress as a function of depth below surface
for heattreated AlISI M50, AISI 9310, and M50 NiL (AMS 6278) [18].

Koistinen [66] reported a method of producing compressive residual stresses in

the surface of AISI 52100 steel by austenitizing it in an atmosphere containing
ammonia. Stickels and Janotik [67] also induced compressisidual stresses in
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the surfaces of AISI 52100 steel rollle¢ement specimens by austenitizing them
in a carbide atmosphere, even though the austenitizing temperature was below that
needed to dissolve all primary carbides. The compressive residesd sixtended
to 300mm (0.012 in.) below the surface and had a maximum value of 600 MPa (87
ksi). The carburized case (surface layer) contained a laxgame fraction of
primary carbides and more retained austenite and was slightly harder than the core
[15,18].

Pioneering research on the effect of residual stress on rellérgent fatigue
life conducted by the staff of the General Motors Research Laboratories [68 to 71]
found that compressive residual stresses induced beneath the surface of ball
bearingrace grooves prolong rollinglement fatigue life. According to [70], ball

bearing |l i ves wer e doubl ed when met a
compressive residual stress was present in the inner racesetSabti71] found
that compressiveresiduglt r esses i nduced by wunidentif

extend the fatigue life of ball bearings.

Naisonget al [72] conducted rollingelement fatigue tests in the rollhagntact
fatigue tester with AISI 52100 steel specimens that had compressive residual stress
induced by treatment in a carburizing atmosphere. The tests, ceddatta
maximum Hertz stress & GPa (729 ksi), resulted in a depth to the maximum
shear stress of 0.15 mm (0.006 in.). The treated material with the induced
compressive residual stresses had approximately 1.6 times the life of untreated
AISI 52100 in spite of having more carbides ahear the surface.

From Naisonget al [72] it is apparent that the distribution of the induced
compressive residual stresses is a function of the carbon potential. For ball and
roller bearings the zone of maximum resolved shear stresses due to Hertzian
loading occurs from 0.10 to 0.25 mm (0.004 to 0.010 in.) below the surface. With a
carbon potential of 0.9 wt% carbon in iron, effective compressive residual stresses
were available to a depth of 0.30 mm (0.012 in.). This depth was sufficient to have
a benetial effect. For carbon potentials less than 0.7 wt% carbon, high tensile
residual stresses were present at depths to 0.20 mm (0.008 in.). Hence, without
taking due care it is also possible to reduce the fatigue life by using the carburizing
process tonduce residual stresseks[18].

The results of this research indicated that a compressive residual stress at the
depth of the zone of maximum resolved shear stresses does prolong- rolling
element fatigue life. Joned3], Carter[74], Akoaka [/5], and Zaredky et al [76]
suggested that the maximum shear sttgggsis the most significant stress in the
rolling-element fatigue process. Zaretsky al [77] developed an analysis that
superimposes the residual stresses upon the principal subsurface stressaglow
the maximum shear stress. A similar analysis regsrted by Fooreét al [78] and
then by Cioclov 79 in a discussion to Foordt al. The theoretical effect of
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compessive residuastresses due to heat treatment on rolelgment fatigue is
shownin Table 8

Table 8. Theoreticaleffect of compressiveresidual stresseslue to heat treatmenton
rolling-elementfatiguelife [18].

. Maximum Hertz stress, GPa (ksi)
. Compressive 1.9 2.4 4.8
Material resgd;;l(;;ri;ass (200) (275) (350) (700)
Relative lifé
AIS| Mi 50 0 1 | 57107 6.5310° 1310°
AISI 9310 0.2 (29) 12.1| 32.81072 24.810°3 23105
AMS 6278(VIMi VAR 0.4 (58) 381 | 283102 | 119 810°| 5310°
M50 NiL)

®Relativelife normalized to AISI M50 at a maximum Hertz stress of 1.4 GPa (200 ksi) and no
subsurface residual stress. These relative lives are not life factors. This table shows the potential
effect of both applied stress and subsurface resahrapressive stress on theoretical life.

The analysis of Zaretskgt al [77], illustrated in Fig. 4, shows the principal
stresses in the tangential (rolling) directi§rand in the normal directio§, for a
Hertzian contact. The maximum shear stress is

tmax:%(sn' St) (79

Tangential principal
stress S¢
Normal principal stress Sp,
(+) Tensile -«——=(—) Compressive
Surface —» Magnitude

Depth to maximum
shear stress |

Magnitude of
compressive
residual stress S, —

Depthl

/

Figure 14. Effect of superimposing compressive residual stress on tangential principal
stress in direction of rolling under Hertzian contact [15].

Superimposing the value of the compressive residual stress on the tangential
principal stress gives the modified pripal tangential stress
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Si=S+S (80)

By combining Egs.79) and (®), the maximum shear stress due to the effect of
residual stressd$may)r can be determined:

1

'tmax'E('Sr) (81)

(tman) =5(S: - Si)=2[5,- (8 +5,)]

The negative sign befo® designates a compressive residual stress. A positive
sign beforeS would designate tensile residual stresg7]. Hence, the residual
stress can either increase or decrease the maximum shear stress. Accordingly, a
compressive residual stress would reduce the maximum shear stress and increase
the fatigue life according to the inverse relation of life and stres® twdlpower,

L~e—?( o (82b)

for Zaretsky, where @ c ¢ 10.
For rolling-element bearings the beneficial effect of the compressive residual
stresses is offset by the presenceeasile (hoop) stresses in the bearing inner race.
These hoop stresses are induced and affected primarily by the press fit of the
inner race over the shaft, centrifugal loading, and thermal effects between the race
and tle shaft. Coe and Zaretskg$(d andyzed the effect of hoop stresses on
rolling-element fatigue. Czyzewski8]] showed that, in the absence of
compressive residual stress, hoop stresses are generally tensile, are designated by a
+ sign, and can negatively affect fatigue life. As with thenpeessive residual
stresses, hoop stresses alter the critical subsurface shear stress and affect the life of
the beamg inner race. Equation 18 can be rewritten to account for the effect of
both residual and tensile (hoop) stresses as

1
(t max)rh = - Umax - E(o S ° Sh) (83)
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Again the positive or negative sign indicates a tensile or compressive stress,
respectively. Equation (82) can be written to reflect the effect of both the
compressive ahtensile stresses on life as

. cle
e 1

L~é—~u (84a)
@(t max)r hd

for Lundberg and Palmgren, wheye = 9.3, or

e 1 o
L~é&———u (84hb)
é(t max)rh u

for Zaretsky, where 8 c ¢ 10.

cle aq ~C
: . : alQ : .
Since life L~ge%8 or ge{o , Egs. (48) and&4) have been combined to modify
(; - -

the predicted bearing lifd.8]:

cle
 tny 8 6o

u u
e(t maX)rhl] @Pequ

Lio= (85a)

From Lundberg and Palmgren [2fe = 9.3 andp = 3 for ball bearings and =
4 for roller bearings. From Zaretsky,

p

@t ﬂec 1]
Llo-e( ma}‘ = Dy (85b)
" max/rh f EFea

wherep = 4 for ball bearingsp = 5 for roller bearings, and®c ¢ 10. From Hertz
theory [29] tmax® 0.325,ax for ball bearings and 0S3.« for roller bearings.

Comparison of bearing life models

The loannidedHarris nodel without a fatigue limit isdentical to Lundberg
Palmgremmodel. The Weibulimodel is similar to that of Zaretsky if the exponents
are chosen to be identical. Comparisdrthe LundbergPalmgrenmodel and the
Zaretskymodel with the ANSIABMA and ISO standards is shown kig. 15 for
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ball and cylindrical roller bearings. The thedcat lives were normalized to a
maximum Hertz stress of 4.14 GPa (600 ksi) and subsequwartiyalized to the
calculated ASI/ABMA and ISO standards at each stress level. For taenides
Harris comparison shown in Fig5,1a fatiguelimiting stress of276 MPa (40 ksi)
was assumed. df ball bearings, the ANSI/ABMA andSO standards and the
LundbergPalmgren model give identical results. For roller bearings, ghdtseare

not identical82].

Maximum Hertz stre:

Maximum
- N
N o
o O

~—Zaretsky

_\—Lundberg-
Palmgren
| (eque‘nl 1) J

+—loannides-Harris

|~ ~\— Lundberg-

~—Zaretsky

-~ loannides-Harris
/

Palmgren

| | | | (b)

1

10

100 1000 10,000 100,000

Relative life factor, L/L|i50o

Figure 15. Comparison of life models for rollinglement bearings with ANSI/ABMA
and ISO standard without a fatigue limit. Fatidumeiting shear stress fdgs assumed for
loannidesHarris model, 276 MPa (40 ksi) [82]. (a) Ball bearings. (b) Cylindrical roller

beaings.

The ANSI/ABMA and ISO standards use a lddd exponentp of 10/3 (3.33)
for line contact (roller bearings). This results in a valu& efjual to 6.6 and can
account in part for lower life predictions than those experienced in the field. From
Lundberg and Palmgren [9], the lodite exponentp for line contact should be 4.

However,
bearing

experience

Lundberg
can

and Paofll6i§wae thai arolleru st i f

imi xed contact 0;

contact and theother raceway point contact [10]. This may be true in limited
number ofroller bearing designs, but it is certainly not consistent with the vast
majority of cylindrical roller and tapered roller bearings designed and used today.
Both the loadife and stresdife relations of Weibull, Lundberg and Palmgren,
and loannides and Harris reflect a strong dependence on the Weibull slope. The
existing rollingelement fatigue data reported by Parker and Zardé#yreflect
slopes in the range of 1 to 2casome cases higher or lower. If the slope were
factored into these equatigrteen the streskfe (load-life) exponent significantly
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decreases with increases in Weibull slopbereby the relation no longer matches
reality.

The Zaretsky model that decdep the dependence of the critical shear stress
life relation and the Weibull slope shows only a slight variation of the maximum
Hertz stresdife exponentn with Weibull slopee.

These results would indicate athfor 9th- and 8thpower Hertz streskfe
exponerd for ball and roller bearings, respectively, the Lundbeagmgren model
best predicts life. However, for 12tAnd 10thpower relatios reflected by modern
bearing steels, the Zaretsky model based on the Weitpuation is superiotgp)].

Underthe range of stresses examined, the use of a fatigue limit would suggest
that (for most operating conditions under which a rotiegment bearing will
operate) the bearing will not fail from classical rolhiagment fatigue.
Realistically, this does notcour. The use of a fatigue limit will significantly
overpredict life over a range of normal operating Hertz stresgbs. se of ISO
281:2007 B6] in these calculations would result in a bearing life approaching
infinity.) Since the predicted lives of folg-element bearings are high, the
problem can become one of undersizing a bearing partecular applicationd1].

Comparing life data with predictions

Bearing life variation

Vicek et al [83] randomly assembled and tested 340 virtual bearing sets
totaling 31400 radiallyloaded and thrudbaded rollingelement bearings. It was
assumed that each bearing was assembled from three separate bins of components,
with onebin containing 1000 innermngs; onewith 1000 rolling element sets, and
one with 1000 outer rings. The median ranks of the individual components were
assigned and then virtual bearing assemblies were created using a Monte Carlo
technique. The corresponding lives of the bearing compis were determined
using Eqg. (17). The weakest link theory was applied; that is, it was assumed that
the life of the shortedtved component of the system was the life of the system. A
linear curve fit of these system lives results in a Weibull platibMl parameters
from the plot and Eq. (17) can be used to determine lives at any percentage of
survivability.
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Figure 16. Maximum and minimum variation df; lives as percent of calculatég, for
groups ofr bearings and 90% confidence limits based on Weibull slope and number of
bearings failedr [83]. (a) 50mmbore deemroove ball bearing. (b) 56m-bore
angularcontact ball bearing. (c) 90% confidence limits.

Vicek et al [83] determined thé.;o maximumlimit and L;o minimum limit for
the number of bearings failed, using a Weibulbased Monte Carlo method. By
fitting the resultant lives for different size populations of faledrings(Fig. 16),
equations were determined for both of these limits:

Maximum variationL, life = calaulatedLy, life (1+6r'°9) (86a)

Minimum variationLy, life = calaulatedLy life (1i 1.5'°3 wherer > 3 (86b)
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Minimum L life = Owherer ¢ 3 (86¢)

These curves compared favorably with thep@dcentcorfidence limits of
Johnson [24ht a Weibullslope of 1.5 (Fig. @) [83).

Rules can be implied frortheseresults to comparand distinguishresultant
lives of similar bearings from two or more sourcasdbr madeusing different
manufacturing methods. The following rules are suggested to determine if the
bearings are acceptable for their intended applicadiwhif there are gnificant
differences betweetwo groups of bearings.

1. If the Lyo lives of both bearingsets are between thenaximum and
minimum L4 life variations, there can be no conclusion that there is a
significant difference between the two sets of bearings regardless of the
ratio of thel,q lives. The bearing sets are acceptable for their intended
application (Fig. Z(a)).

2. If the Ly life of one set of bearings is greater than the maximum variation
and the second set is letisan the minimum value, there exists a
significant differencebetween the bearing sets. Omlge bearing set is
acceptable for its intended application (Fig(d)).

3. If the L lives of both sets of bearings exceed the maximum variation,
the bearing life differences may or may not be significant and should be
evaluated based upon calculation of confidence numbersditgdo the
method of Johnsor2fl]. Both sets of bearingare acceptable for their
intended application (Fig.7(c)).

4. If the Ly lives of both sets of bearings are less than the minimum
variation, the bearing life differences may or mayt be significant.
However, neitheset of bearings acceptable foits intended application
(Fig. 17(d)).

5. If the Lyq life of one set of bearings excesthe maximum variation and
the other set is between the maximum and minimum variation, the
bearing life differences may or may not be significant and should be
evaluated basegpon calculation of confidence numbers adaag to the
method of Johnsom2fl]. Both sets of bearings are acceptaiole their
intended applicatiofFig. 17(e)).

6. If the Ly life of one set of bearings is less than the minimum variation
and the other set isetween the maximum and minimum variation, there
exists a significant differencleetween the bearing sets. Onge set of
bearings is acceptable for its intended application (Fif))1
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400 _ — Maximum variation 400
(from Fig. 16) Bearing set L
200 + o A 200 |-

0 Calculated life

—_— fe— &

_(a_) Minimum variation (from Fig. 16)
! [T B | 1 L ]

2 4 6 10 20 40
Number of bearings failed, r

2 4 6 10 20 40
Number of bearings failed, r

200 . . . L
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Number of bearings failed, r
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Number of bearings failed, r
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Figure 17. Rules for comparing bearing life results to calculated life [83]. (a) Bearing
sets A and B are acceptable. (b) Bearing set A is acceptable. Bearing set B is not
acceptable. (c) Bearing sets A and B are acceptable. (d) Bearing sets A and B are not
acceptale. (e) Bearing sets A and B are acceptable. (f) Bearing set A is acceptable.
Bearing set B is not acceptable.

Harris [84] and Harris and Mool [85] analyzedendurance data f@2 rolling
element bearing set¥hese data were obtained from four beanranufacturers,
two helicopter manufacturers, three aircraft engine manufacturers, and U.S.
Government agenegponsored technical reports. The data sets comprised deep
groove radial ball bearings, angulzontact ball bearings, and cylindrical roller
bearirgs for a total of 7935 bearings. Of these, 532Xihga comprised one
sample size for a single cylindrical roller bearilegving 2614 bearings distributed
among the remaining bearing types and sizes. Among the 62 reléntent
bearing endurance sefs], had one or no failure and could not be used for the
analysis. Thes data are summarized[iB3] and plotted in Fig. 8 A discussion of
the Harris dat can be found if28] and[43].

Of these data, 39 percent fall between the maximum and minimum life
variations suggesting that the statistical variations of these lives are within that
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predicted. Four bearing sets representing 8 percent of the bearing sets had lives less
than what waspredicted. Thirty bearing seter 59 percent of the bearing sets
exceeded i maximum life variation of th®onte Carlo study of Vicekt al [83].

Eight of these bearing sets or 16 percent exceeded thereént confidence upper

limit of Johnson [24]. Hwever, only one bearing set representing 2 percent of the
bearing sets fall below the lower life limit. Therefore, it can be reasonably
concluded that 98 percent of the bearing sets have acceptable life results using the
LundbergPalmgren equations witheHife adjustment factors from [18] to predict
bearing life.

1200 — 4 4 o Deep-grove ball bearing
é ] % o Angular-contact ball bearing
1000 — \\ﬁ 4 Cylindrical roller bearing
o\
800+ oo
® \ .. — Maximum variation (from Fig. 16)

o Upper 90% confidence
limit for e = 1 variation
o (from Fig. 16(c))

|
N
o
o

= ~ ~— Minimum variation (from Fig. 16)

Variation from calculated life, percent

5

Lo lalal L Ll Lo tatald
4 6 10 20 40 100 200 400 1000
Number of bearings failed, r

I
2

—_

Figure 18. Variation between actual and calculated bearing lives for 51 sets of deep
groove and angulazontact ball bearings and cylindrical roller bearings from [84] and
[85] compared with Monte Carlo variations and 90% confidence limit [83].

The life calculations for the data of Fig8 have materiabnd steel processing
life factorsfrom [18] incorporated in them. Tabl summarizeghese life factors
for each of the materials. The data of Fi§.ate broken down and plotted in art
(a) of Figs. ® through22 based on the steel type and processiigse data were
adjusted for a loatife exponentp of 4 for ball bearings and 5 for roller bearings
and are shown in pat(b) of Figs. P through 2. The adjusted life results
correlated with those of the Monte Carlo tests shown in FEgB&sed upon these
material and processing life factors and ldi&sl exponents, each bearing data set
appears consistent with the other.

Lundberg and Palmgren [#jssumed the value of the Weibull slopen Eq.
(17) to be 1.11 for ball bearings [9] and 25 for roller bearings [10]. These vatue
were necessary in their analysis because it approxinladsdvalues exhibited by
their experimental data, and it made the end result of their life prediction analysis
correlate with their bearing life databagethat time. Experience has shown that
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most rolling bearing life data exhibit Weibull slopes between 1 and 2. For the
analysis in [83] a Weibull slope of 1.11 was assumed for all of the components for
each bearing. This should theoretically result in aring Weibull slope of 1.11 as
shown in Fig. 23 for the deeggroove andangularcontact ball bearings.

Table 9. Life factors for bearing steels and processing [18].

Material and proces Life factor
Material | Process| Resultant
CcvD? 3 1.5 4.5
AISI 52100
CcvD? 1.5 1.5 2.25
AISI 8620
VARP 2 3 6
AISI Mi 50
VIMTVAR® 2 6 12
AISI Mi50
VIMTVAR® 4 6 24
M50 NiL

dCarbon vacuum degassing.
®VVacuum arc remelting.
“Vacuum induction melting angacuum arc remelting

1200 1 p =3 for ball bearings;l

1000 \a p = 10/3 for roller bearings
800 o
600
400
200

o Deep-grove ball bearing
o Angular-contact ball bearing
a Cylindrical roller bearings

. — Maximum variation (from Fig. 16)

_ ——— Upper 90% confidence
limit for e = 1 variation
© (from Fig. 16(c))

O— A [e}Ne]
-
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_400(a)| A [ N | [T |

1 2 46 10 20 40 100 200 400 1000
Number of bearings failed, r
800 o p = 4 for ball bearings;

600 p = 5 for roller bearings
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_ ~— Maximum variation (from Fig. 16)
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Figure 19. Effect of CVD AISI 52100 steel and lodifle exponent on bearing life [83]. (a)
Loadlife exponentp is 3 for ball bearings and 10/3 for cylindrical roller bearings (from Fig.
18). (b) Loadlife exponenp is 4 for ball bearings and 5 for cylindrical exlbearings.
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Figure 20. Effect of VAR AISI M-50 steel and loatife exponent on bearing life [83].
(a) Loadlife exponenip is 3 for ball bearings and 10/3 for cylindrical roller bearings
(from Fig. 18). (b) Loadife exponenip is 4 for ball bearings and 5 for cylindrical roller
bearings.

Weibull slope variation

Johnson [24] analyzed the probable variation of the Weibull slope as a function
of the number of bearings tested to failure. Based on the Johnson analg€ls,
percant of all possible cases the resultant Weibull slope will be within the limits
shown in Fig. 23 based upon a Weibull slope of 1.11. Based on Johnson, the
approximate relation for the number of bearings failasd the limits of the value
of Weibull slopee equal to 1.11 are as follows:

Maximum Weibull slope = 1.11 + 1.31°° (87a)

Minimum Weibull slope = 1.11 1.31r'%° (87h)
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